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Abstract 

In recent years, there has been a significant increase in wind energy, with 
notable growth in both offshore and onshore installations, according to the IEA. 
Slewing bearings are large rolling bearings that enable the yaw and pitch 
rotations of bladed wind turbines. These bearings are designed to support the 
axial loads, radial loads and tilting moment caused by wind forces. This Doctoral 
Thesis focuses on the structural modelling and friction torque calculation of four-
point and eight-point contact slewing bearings. However, the proposed 
approaches can be adapted for other types of slewing bearings, such as crossed 
roller slewing bearings. During this research work, certain hypotheses were 
considered, which have been key in the decision-making process: 

• A bearing subjected to axial load can be modelled with cyclic symmetry. 
In this case, the load distribution is not significantly affected by the 
flexibility of the rings. However, in the case of a bearing subjected to radial 
load or tilting moment, the deformation of the rings affects load 
distribution. The flexibility of the structures the rings are attached to 
dictates to a large extent the shape of these deformations. Therefore, a 
general calculation method can be developed under the rigid ring 
hypothesis. 

• Previous research works have shown that the kinematic of the balls can be 
affected by the stick regions in the ball-raceway contacts. However, in the 
case of slewing bearings, where the load distribution problem is made 
independent from the friction torque problem, other works have shown 
that these stick regions do not affect the bearing friction torque. Thus, the 
full sliding contact assumption allows for a faster computation of the 
friction torque problem. 

• The slewing bearings of blade wind turbines are characterised by their 
small oscillatory movements. The ball-raceway contact lubrication lies 
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between an EHL and boundary lubrication. An equivalent problem to the 
first hypothesis arises, where modelling a realistic frictional contact 
involves a complex model, which can extend the current research work 
beyond the scope. However, assuming a coefficient of friction that can be 
experimentally adjusted is a common practice and a more effective 
solution for this problem. Thus, Coulomb’s friction model is used instead, 
where the friction force is defined by a coefficient of friction multiplied by 
the normal force. 

Based on these hypotheses, current research has made improvements to 
friction torque calculation and slewing bearing simulation techniques. The 
following list summarises the process followed and the decisions made for this 
work: 

• Based on the slow speed and large size assumption, the load distribution 
problem is separated from the friction torque problem. In order to fit the 
analytical model results to experimental test results, a preload scatter is 
implemented in the load distribution calculation step, to then calculate the 
friction torque as the sum of the contribution of each ball to the friction 
torque. The tuning parameters of the analytical model are varied and by 
means of multiple calculations, the model adjusts the experimental results. 
Some discrepancies are observed under tilting moment, for which FE 
analyses are performed to solve the load distribution problem and obtain 
better fit results. Finally, a more precise methodology for calculating the 
friction torque is achieved and some guidelines for its calculation are 
proposed. 

• The rigid ring hypothesis has been proven to delimit the capabilities of the 
analytical model. Therefore, the effect of the flexibility of the bearing is 
studied through FEM. A real model of a blade-bearing-hub assembly is 
used to analyse the load distribution under real boundary conditions. 
Different combinations of modelling techniques or simplifications are 
used, such as simplifying the bolted joints or substituting the bearing with 
an equivalent three-spring model that could be useful in early design 
stages, or using a different blade material, which could also reduce the 
bearing testing costs. This work verifies the importance of the boundary 
conditions on load distribution are, whereby it is concluded that these 
greatly affect the friction torque results. Some improvements on Daidié’s 
mechanism are performed, which is used to replace the balls and simplify 
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the ball-raceway contact in FE analysis. The enhanced implementation of 
the mechanism reduces the error made on the less loaded balls for a 
bearing with a radial displacement, which is an important contribution 
since the friction torque is driven by these less-loaded balls. 

• An analytical approach to calculate the friction torque in an efficient way 
is presented that complements the previous methodology, which is 
precise but computationally expensive. A normalised friction torque 
expression is obtained, which only depends on the microgeometry of the 
bearing and the external loads. A Design of Experiments is built around 
this to obtain an extensive normalised friction torque result database. 
Finally, a friction torque calculation tool is presented, which relates the 
normalised friction torque with the normalised external loads in the form 
of heatmaps. These heatmaps are classified for each combination of 
microgeometrical parameters. Moreover, the obtained database could be 
implemented in external calculation software that permits friction torque 
estimates in early design stages, with more accuracy than the expressions 
offered in design guidelines. 
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Resumen 

En los últimos años, ha habido un aumento significativo en las instalaciones 
onshore y offshore de energía eólica, según la IEA. Los rodamientos de vuelco 
permiten el giro de guiñada y cabeceo en las turbinas eólicas de pala. Se 
caracterizan por sus grandes dimensiones comparados a los rodamientos 
convencionales y son diseñados para soportar las grandes cargas axiales, radiales 
y de momento introducidas por el viento.  

Esta tesis doctoral se centra en la modelización estructural y el cálculo de par 
de fricción de los rodamientos de vuelco de cuatro y ocho puntos de contacto. Sin 
embargo, las soluciones propuestas en este trabajo pueden ser adaptadas a otros 
tipos de rodamientos de vuelco, como son los rodamientos de vuelco de rodillos 
cruzados, entre otros.  

En la realización de este trabajo de investigación, se han considerado ciertas 
hipótesis que han sido clave en la toma de decisiones y han condicionado el flujo 
de trabajo: 

• Anillos rígidos: si bien un rodamiento sujeto a una carga axial puede ser 
modelado por simetría cíclica, esto no es cierto bajo cargas radiales o 
momentos de vuelco. Este tipo de cargas provocan unas deformaciones en 
los anillos que afectan a la distribución de fuerzas en los elementos 
rodantes, no cumpliendo así con los requisitos para emplear dicha 
simetría. A su vez, las rigideces de los elementos colindantes al 
rodamiento dictan en gran medida la forma que toman estas 
deformaciones y, por tanto, afectan a la distribución de fuerzas.  

Por tanto, una de las principales hipótesis es la consideración de anillos 
rígidos, que permite el desarrollo de un más general de cálculo. 
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• Deslizamiento puro: en trabajos de investigación del estado del arte se ha 
observado que las regiones en adhesión del contacto bola-pista pueden 
afectar a la cinemática de las bolas. Sin embargo, para el caso de 
rodamientos de vuelco, donde los modelos de par de fricción permiten 
independizar el problema de distribución de fuerzas del problema de par 
de fricción, otros trabajos han demostrado que estas regiones no afectan al 
par de fricción del rodamiento.  

Por tanto, se considera la hipótesis de deslizamiento puro en los contactos 
bola-pista, permitiendo así un cálculo más rápido del par de fricción sin 
perdidas de precisión de cálculo. 

• Fricción de Coulomb: los rodamientos de vuelco empleados en turbinas 
eólicas de pala se caracterizan por los pequeños movimientos oscilatorios 
que realizan para ajustar el ángulo de ataque de las palas y orientación de 
la góndola. En estos casos, la lubricación de los contactos bola-pista se 
encuentra a medio camino entre una elasto-hidrodinámica y una 
lubricación límite. Modelar este estado de lubricación requiere de un 
trabajo costoso y aumentaría el coste computacional del modelo. Sin 
embargo, asumiendo un coeficiente de fricción que puede ajustarse de 
forma experimental es una solución práctica y a su vez extendida que 
simplifica el problema y permite abordarlo de una forma más general, 
solución equivalente a la primera hipótesis.  

Por tanto, se emplea el modelo de fricción de Coulomb, donde la fuerza 
de fricción se define como el producto de un coeficiente de fricción por las 
fuerzas normal del contacto. 

Teniendo en cuenta las hipótesis anteriores, este trabajo ha realizado unas 
mejoras en el cálculo del par de fricción y en las técnicas de simulación de 
rodamientos de vuelco. La imagen de a continuación muestra esquemáticamente 
las principales aportaciones del este trabajo. 
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A continuación, se resume el flujo de trabajo, las tomas de decisiones y las 
conclusiones obtenidas durante la realización de esta tesis doctoral: 

• Bajo la suposición de grandes dimensiones y bajas velocidades de 
rotación, es posible separar el problema de distribución de fuerzas del de 
par de fricción. De este modo, se implementa una dispersión de precarga 
en la fase de cálculo de distribución de fuerzas, para posteriormente 
calcular el par como la suma de la contribución de cada una de las bolas 
al par de fricción. Se realizan múltiples cálculos variando los parámetros 
de ajuste del modelo analítico para conseguir ajustar los resultados de par 
a los medidos experimentalmente. De estos ajustes, se observan ciertas 

Distribucion de cargas
teniendo en cuenta la

dispersion de la precarga

↑↑ Precisión ↑↑ Rapidez

MEJORA EN LA METODOLOGÍA DE 
CÁLCULO DEL PAR DE FRICCIÓN

Implementación de la 
dispersión de la precarga y 
correlación experimental

ANÁLISIS DE LA RIGIDEZ 
GLOBAL DEL RODAMIENTO Y 
ESTRATEGIAS DE MODELADO

HERRAMIENTA SIMPLE 
PARA EL CÁLCULO DEL 

PAR DE FRICCIÓN

Estudio de los efectos de las 
condiciones de contorno en

la distribucion de cargas

Obtención de una expression 
normalizada del par de fricción y diseño

de mapas de calor de par de fricción
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discrepancias cuando el rodamiento está sometido a momentos de vuelco, 
en especial para valores altos del mismo.  

Por tanto, se realizan unos análisis mediante EF, sin dispersión de la 
precarga, para resolver el problema de distribución de fuerzas, que son 
posteriormente introducidos en la herramienta analítica en el paso de 
cálculo del par de fricción. Estos resultados de par ajustan mejor los 
ensayos experimentales, con lo que se demuestra que es necesario tener en 
cuenta la flexibilidad del rodamiento y os componentes que lo rodean para 
un buen cálculo del par de fricción.  

Finalmente, se logra una nueva metodología que permite calcular el par 
de fricción de forma más precisa, y se proponen unas guías para el cálculo 
del par de fricción en función de los datos que se conozcan. 

• Queda demostrado que la hipótesis de anillos rígidos es un delimitante en 
el modelo analítico. Por tanto, se decide ahondar en el estudio de la 
flexibilidad de los rodamientos mediante elementos finitos. Para ello, se 
emplea un modelo de un ensamblaje real de pala-rodamiento-buje de 
turbina eólica, lo cual permite analizar el rodamiento bajo condiciones de 
contorno reales. Se emplean y comparan diferentes técnicas de 
modelización y simplificación de elementos, como la sustitución de las 
uniones atornilladas por elementos más simples y su simplificación, la 
simplificación del modelo del rodamiento por tres muelles que 
caracterizan su rigidez o el estudio de un material diferente de pala que 
no solo podría simplificar su modelado sino permitir reducir los costes de 
ensayar los rodamientos. Los resultados de los análisis muestran la 
importancia de los elementos colindantes y la buena modelización de las 
condiciones de contorno a la hora de calcular la distribución de fuerzas en 
el rodamiento, lo cual afecta en gran medida al par de fricción, como se 
mencionaba en el apartado anterior.  

En este trabajo, también se han realizado avances en el mecanismo de 
Daidié, el cual permite sustituir las bolas de los rodamientos mediante 
muelles de rigidez no lineal. La mejora obtenida permite que el error 
cometido en el cálculo de distribución de fuerzas se vea reducido cuando 
el rodamiento está bajo una carga radial, en especial en las bolas menos 
cargadas. Si bien esto no afecta en gran medida a la rigidez global del 
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rodamiento, es un avance importante ya que el par de fricción se ve 
afectado principalmente por estas bolas.  

• Se presenta una nueva metodología más eficiente para el cálculo del par 
de fricción que complementa a la presentada en el primer apartado, la cual 
era más precisa pero computacionalmente costosa. Se obtiene una 
expresión normalizada del par de fricción, que depende únicamente de la 
microgreometría del rodamiento y de las fuerzas externas aplicadas al 
mismo. Se crea un diseño de experimentos (DoE) a partir de esta 
formulación que, mediante una extensiva campaña de simulaciones, se 
obtiene una base de datos de resultados de par de fricción normalizados.  

Finalmente, se presenta una nueva herramienta de cálculo del par de 
fricción que relaciona el par de fricción normalizado con las cargas 
externas normalizadas, en forma de mapas de calor. Estos mapas de calor 
son generados y clasificados para cada una de las combinaciones de 
microgeometría analizadas. Además, la base de datos de par de fricción 
obtenida puede ser implementada en un software de cálculo externa, de 
forma que permita estimar el par de fricción de los rodamientos en etapas 
tempranas de diseño, con mayor precisión que las expresiones que se 
proponen en catálogos y guías de diseño actuales. 
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1 Introduction 

1.1 Context and motivation 
The use of renewable energies is growing around the world, especially wind 

and solar energy. According to the International Energy Agency (IEA), the global 
renewable energy capacity has increased by 113% from 2015 to 2021, reaching 
2408.5 GW by the end of 2021 [1,2], which is approximately 28% of the 
worldwide-generated electricity. The forecast is to reach 4500 GW of world 
renewable energy capacity by 2024 [3]. The evolution of the energy capacity 
produced by each technology can be seen in Figure 1.1. In 2022, the Global Wind 
Energy Council (GWEC) reported [4] a 9% increase of new wind 
power capacity since 2021, reaching a total capacity of 906 GW. The forecast 
according to IEA [1] is for onshore wind additions to increase from 74 GW in 2021 
to 109 GW in 2027. In addition, global annual offshore wind installations are 
expected to increase 50% to over 30 GW in 2027. Moreover, the European 
Commission countries stated their long-term goal of installing 317 GW [5] of 
offshore renewable energy by 2050. 

 

Figure 1.1. Share of cumulative power capacity by technology [6]. 
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In the wind energy sector, three-bladed horizontal-axis wind turbines 
(HAWTs) are the most common type of turbines. They range from small turbines 
for residential use to large turbines in commercial wind farms. These wind 
turbines consist of several main parts, including the blades, rotor hub, nacelle 
and tower. The nacelle, located on top of the tower, rotates to adjust the 
orientation (yaw) of the turbine to the wind direction. The hub is attached to the 
nacelle, which rotates to generate electrical energy. The blades rotate (pitch) 
around their axis relative to the hub to maximise performance and regulate 
electrical energy generation. Pitch and yaw rotations are possible thanks to the 
slewing bearings that this research work focuses on. Figure 1.2 below shows the 
location of these bearings on a bladed wind turbine. 

 
Figure 1.2. Pitch and yaw bearings of a blade wind turbine. 

Pitch slewing bearings

Yaw slewing bearing

Blades

Nacelle

Tower

Hub
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These bearings bear the loads generated by the wind forces, the weight of the 
components and the centrifugal forces due to the rotation of the blades (see 
Figure 1.3). These variable high loads make it necessary to design and 
manufacture the bearings with specific materials and technologies that allow 
them to withstand prolonged operating conditions over time. In addition, they 
must also meet safety, reliability and durability requirements to avoid turbine 
operation failures. Therefore, proper selection of slewing bearings and their 
regular maintenance is critical to ensure the efficiency and lifetime of bladed 
wind turbines. This has resulted in significant interest in the research and 
development of slewing bearings in the industry, which has led to the 
development of mathematical models to simulate the mechanical behaviour of 
these bearings under different operating conditions. 

 
Figure 1.3. Four-point contact slewing bearing model and acting loads. 

This can be seen not only in the research field but also in the large number of 
slewing bearing manufacturers of this type found around the word, as shown in 
Figure 1.4. Indeed, slewing bearings are not only used in the renewables energy 
sector (bladed wind turbines and solar tracking systems), but also in a variety of 
industries, such as construction (tower cranes and concrete pumps), mining 
(bucket-wheel excavators and conveyor systems), space (radio telescopes) and 
robotics (robotic arms), among others (Figure 1.5). Given the wide variety of 
applications, their dimensions can vary enormously. However, due to their 
orientation-focused use, all of these applications share the same design 
requirements: they rotate or oscillate at slow speeds and support axial, radial and 
moment loads simultaneously, as shown in Figure 1.3. 
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Figure 1.4. Showcase of worldwide slewing bearing manufacturers. 

Due to the importance of slewing bearings, the Mechanical Analysis and 
Design (ADM [7]) research group, from the Faculty of Engineering of Bilbao at 
the University of the Basque Country (UPV/EHU), has conducted extensive 
research in the field during the recent years. The group has collaborated with 
manufacturing companies such as Iraundi S.A. and NBI Bearings; international 
research entities such as Fraunhofer IWES, NREL and LaMCoS; and research 
laboratories such as INSA Lyon, leading to numerous significant contributions 
to the scientific community in the form publications [8–25] and many national 
and international conferences [26–34]. Their work has led to progress in the 
mechanical modelling of slewing bearings, particularly in wind energy 
applications. The group’s close relationship with the industry has allowed for a 
better understanding of current industry demands, ensuring their research 
remains both relevant and impactful. This Doctoral Thesis is based on the most 
recent progress made by the ADM group in this field, more specifically for four-
point and eight-point contact slewing bearings, which the following section 
focuses on. 
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Figure 1.5. Slewing bearing applications. 
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1.2 Slewing bearings description 

1.2.1 Slewing bearing parts 

This section provides a general description of these bearings, explaining the 
different parts (see Figure 1.6) and their characteristics. As there are different 
types of slewing bearings, the main differences between these are described later 
in Section 1.2.2. 

 
Figure 1.6. Representation of the parts of a four-point contact slewing bearing. 

The general parts of slewing bearings are as follows:  

• Rings: slewing bearing rings consist of an inner ring and an outer ring. 
These are typically made of carbon steel, but in some types of bearings, 
such as wire-race bearings, rings are also made of aluminium alloys, or 
even polymers or composite materials. The raceways are machined in the 
rings, which are usually case-hardened to ensure a surface with good wear 
properties. The rolling elements are in contact with the raceways of both 
of these rings. 

Outer Ring

Inner Ring

Rolling elements (balls)

Flange

Bolted connection

Seals

Gear

Bolted connection
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Figure 1.7. Hardened pattern and detail of the raceway of  

a ball-raceway (left) and a roller-raceway (right) [35]. 

The main macrogeometric parameters used to define a bearing are: the 
height (𝐻𝐻), the internal diameter (𝑆𝑆𝑖𝑖𝑖𝑖𝑖𝑖), the external diameter (𝑆𝑆𝑒𝑒𝑒𝑒𝑖𝑖) and 
the mean diameter (𝑆𝑆𝑝𝑝𝑝𝑝), as shown in Figure 1.8. This last one, also called 
the pitch diameter of the rolling set, is most commonly used to indicate 
the bearing size. In slewing bearings, the mean diameter is characterised 
by being much larger than the rolling element size (𝑆𝑆𝑝𝑝). Because of this, 
these bearings are known for being more slender, and usually larger, than 
general purpose bearings, and thus, the rings are more flexible. 

 
Figure 1.8.  Representation of a slewing bearing and its main macrogeometric 

parameters. 

• Rolling elements: depending on the design requirements, the rolling 
elements can be either balls or rollers. Both of them are mostly 
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manufactured with chromium alloy steel. The type of contact they make 
with the races is what differentiates them. 

The ball-raceway contact (Figure 1.9a), usually named “point contact”, 
takes an elliptical shape under load. The load is transmitted from the races 
to the balls, at a certain contact angle (𝛼𝛼, 𝛼𝛼0 when the bearing is unloaded, 
see Figure 1.9), which varies depending on the acting loads. Also, 
depending on the ball diameter compared to the curvature of the races 
(𝑅𝑅𝑐𝑐), the contact ellipse becomes bigger with the load. The relationship 
between the raceway diameter and the rolling element diameter is known 
as osculation ratio (𝑠𝑠 = 𝑆𝑆𝑝𝑝 2𝑅𝑅𝑐𝑐⁄ ). These parameters are shown in Figure 
1.10. 

 
Figure 1.9. Ball-raceway point contact (a); roller-raceway line contact (b). 

 
Figure 1.10. Four-point contact slewing bearing section detail. 

a) b)
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On the other hand, the roller-raceway contact is called a “line contact”, 
and the patch is rectangular for straight roller bearings (Figure 1.9b). There 
are numerous roller profiles (spherical, crowned, logarithmic and so on, 
see Figure 1.11), each one with its benefits and drawbacks. 

 
Figure 1.11. Roller-raceway contact load shape for different roller profiles: straight (a), 

crowned (b), partially crowned (c) and logarithmic (d) [36]. 

Low load High load
a)

b)

c)

d)
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The main difference between balls and rollers lies in the higher static 
capacity of roller bearings due to the increased roller-raceway contact 
area. However, this leads to roller bearings exhibiting higher frictional 
forces. In addition, while the manufacturing of roller bearings is simpler, 
the mounting process for ball bearings is much easier. 

It is common for slightly oversized rolling elements to be mounted on both 
roller and ball bearings. This means that the diameter of the assembled 
rolling element is higher than the space left between the races. This is 
commonly called the preload of the rolling elements (𝛿𝛿𝑝𝑝), and it usually 
consists of a few microns of deviation from the nominal diameter. This 
preload can also be affected by the manufacturing errors of the races or 
the assembly process of the bearing to the structures. The preload is used 
to remove any vibration caused by clearances between the rolling 
elements and the raceways. Also, the preload causes an increase in the 
stiffness of the bearing, which implies an increase in the bearing 
movement accuracy [20]. However, high preloads could lead to less room 
to load the balls before failure, a substantial increase in the friction torque 
and high wear rates. In practice, the preload level can be estimated by 
measuring the idling friction torque [25], since larger preloads involve 
larger friction torques when the bearing is unloaded. 

• Separating elements: these can be spacers or cages. Both of these elements 
have the same purpose: to separate the rolling elements and avoid any 
contact between them during the bearing operation. These elements 
ensure their correct arrangement and, without them, the rolling elements 
would end up interfering with each other, which could result in a 
reduction in the capabilities of the bearing. The performance of the spacers 
or the cages is similar, and both are manufactured in plastic or metal. 
Spacers are sometimes replaced with slightly smaller balls. 

• Bolted connections: there are two main types of bolt holes that can be 
machined in the bearing rings or the bearing flanges. One type consists of 
mounting holes (Figure 1.12), which are used to connect the bearing to the 
surrounding structures. These are uniformly and usually evenly arranged 
in the outer and inner rings. However, sometimes the inner ring has more 
holes as it withstands higher tilting moments compared to the outer ring.  
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Figure 1.12. Representation of mounting holes of a slewing bearing. 

The second type of hole is the assembly hole (Figure 1.13), which is used 
in the case of slewing rings separated into two parts. The purpose of this 
separation is to fill and assemble the bearing, and only one of the rings 
(outer or inner) is separated, and thus, the assembly holes are only present 
in one of the rings. 

 
Figure 1.13. Representation of the assembly hole and cut plane of a slewing bearing. 
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• Load plug: the machining of assembly holes and halving the bearing race 
can be avoided by using a load plug. This consists of a radial hole in one 
of the rings, which allows the rolling elements to be inserted into the 
raceways. After that, the load plug is inserted into the hole, which has the 
raceway machined into it, providing a continuous raceway. This was a 
solution patented by INA-Schaeffler for wire-race bearings [37], but it is 
more commonly used for four-point contact slewing bearings. An example 
of the load plug on a bearing is shown in Figure 1.14. 

 
Figure 1.14. Representation of a load plug in a slewing bearing. 

• Lubricant: there is at least one lubricating hole on each of the bearing rings. 
These holes allow the raceways to be fed with grease and are normally in 
the radial direction of the bearing. Advanced bearing technologies ensure 
the bearing is properly lubricated by an automated system that regularly 
replenishes the lubricant, providing the bearing with this maintenance 
task. 

• Seals: these elements are located between the rings (see Figure 1.15), 
preventing dust, water and other undesired elements from entering the 
bearing. They also minimize leakages, reducing the maintenance required 
regarding lubrication. Seals are more relevant when the bearings are 
working in adverse environments with substances that could impair the 

Load plug

Load plug hole
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performance of the bearing, such as seawater in offshore platforms, or 
sand particles from deserts in onshore platforms. The seals are typically 
made of NBR. 

 
Figure 1.15. Bearing sealing examples [38]. 

• Gear: the gears of these bearings are driven by an electric motor, which 
performs the relative movement of one ring with respect to the other. They 
can be machined on the inner or outer ring, depending on the application. 
These gears are mainly spur gears, but they can also be helical and worm 
gears. There are cases when the gear is machined on a different element 
connected to the bearing, reducing the cost and complexity of the bearing 
design. The gear teeth are usually case-hardened. 

1.2.2 Slewing bearing types 

Slewing bearings can be classified based on the rolling element type, the 
number of contacts and the number of rows. This has affected how different 
literature works and how manufacturers refer to the same bearings. 

Table 1.1 provides a list of the different types of slewing bearings arranged in 
an appropriate order, which are then described. 
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Table 1.1. Breakdown of the most common slewing bearings. 

 One row Two rows Three rows 

Balls 
Four-point 

contact slewing 
bearing 

Eight-point contact slewing 
bearing / Two-row four-point 

contact slewing bearing 

Double-row angular contact 
slewing bearing 

- 

Rollers Crossed-roller 
slewing bearing 

Double-row angular contact 
roller slewing bearing 

Triple-row roller 
slewing bearing 

Mixed - 
Double-row roller-ball 

slewing bearing 
Triple-row roller-

ball slewing bearing 

Four-point contact slewing bearings and crossed-roller slewing bearings 
(Figure 1.16) are single-row slewing bearings with their races machined directly 
on the rings. The former contains balls as rolling elements, while the latter usually 
has cylindrical rollers. Four-point contact slewing bearings are so called because 
the balls have four points of contact, i.e. two contact diagonals, which provide 
the bearing with the ability to withstand axial forces, radial forces and tilting 
moments. 

In contrast, the rollers of crossed-roller slewing bearings have only two 
contact lines, which again means one contact diagonal per rolling element. This 
is why the rollers are assembled alternating their orientation so that each roller 
diagonal has the contact angle opposite to the previous one. In this way, each 
pair of crossed rollers is topologically equivalent to a four-point contact ball. 

These two bearings differ precisely because of this composition of rolling 
elements, which, as mentioned in the previous section, gives the crossed-roller 
slewing bearings a higher load capacity, while the four-point contact slewing 
bearings have a lower friction torque, in the case of an equivalent size of rolling 
elements and bearing mean diameter. 
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Figure 1.16. Four-point contact slewing bearing (left) and crossed-roller slewing 

bearing (right) [39]. 

The eight-point contact slewing bearings, also called two-row four-point 
contact slewing bearings, are basically the same as four-point contact slewing 
bearings, but with a second row of balls exactly the same as the first, with almost 
the same bearing dimensions. This results in a bearing with a higher capacity 
than the previous ones while maintaining the advantage of low friction torque 
values. This type of bearings should not be confused with double-row angular 
contact ball slewing bearings, as the latter are characterised by having two rows 
of balls, each of which has two-point angular contact balls (see Figure 1.17). 

 
Figure 1.17. Two-row four-point contact wire race slewing bearing (left) and double-

row angular contact slewing bearing (right) [39]. 

When it comes to double-row slewing bearings designs, the crossed-rollers 
arrangement is not commonly used. Instead, there are double-row angular 
contact roller bearings (see left image of Figure 1.18), consisting of two rows of 
rollers, where the contact angle of one row is rotated by 90° with respect to the 
other row. This arrangement allows each row to bear the loads the other row is 
unable to. In addition, triple-row roller slewing bearings, as the name suggests, 
also use rollers as rolling elements, with the advantage of an additional row of 
rollers. This way its capacity is increased with its size, making these bearings 
more suitable for large-scale applications, with the drawback of their increased 



16  Iñigo Escanciano 
 

 

cost and friction torque. On these bearings (see right image of Figure 1.18), the 
two rows of parallel rollers withstand the axial and tilting moments, while the 
perpendicular one bears the radial forces. 

 
Figure 1.18. Double row angular contact roller slewing bearing (left) and triple row 

roller slewing bearing (right) [39]. 

Some bearings use both types of rolling elements, such as double-row roller-
ball slewing bearings (see the left image of Figure 1.19). These are characterised 
by having a row of rollers, arranged in a similar way to thrust roller bearings, 
and another row of two-point angular contact balls. As these bearings are 
designed to support high axial loads in one direction, the rollers are sized to 
support most of the axial load, while both rollers and balls support the radial 
load and tilting moment. The same mixed use of rolling elements is seen in triple-
row roller-ball slewing bearings (see right image of Figure 1.19). This design is 
similar to triple row roller slewing bearing with balls as main rolling elements, 
and rollers as auxiliary rolling elements placed in the middle row, to support 
radial forces. 

 
Figure 1.19. Double row roller-ball slewing bearing (left) [39] and triple row roller-ball 

slewing bearing (right) [40]. 
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All of these variants have their advantages and disadvantages; however, the 
type of slewing bearing most used in modern and large wind turbine applications 
is the two-row four-point contact slewing bearing.  

Besides the aforementioned bearing types, others use wires between the ring 
and the rolling elements. The four-point contact wire race slewing bearings and 
crossed-roller wire race slewing bearings (Figure 1.20) share the same properties 
and differences with their equivalent slewing bearings without wires. The 
installation of the wires allows a compact form factor to be maintained while 
reducing the weight of the bearing due to the by using lighter alloys in the rings. 

                
Figure 1.20. Four-point contact wire race slewing bearing (left) and crossed-roller wire 

race slewing bearing (right) [41]. 

These other mentioned bearings can also be seen with wire races: double-row 
angular and triple-row wire race roller slewing bearings, as shown in Figure 1.21. 

            
Figure 1.21. Double-row angular wire race contact roller slewing bearing [41] and 

triple-row wire race roller slewing bearing. 
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1.2.3 Failure modes 

Just like conventional bearings, slewing bearings can fail due to various 
factors. ISO 15243:2017 [42] describes various failure mechanisms and modes for 
any type of bearings; however, many of them are related to high angular 
velocities or other factors that do not concern slewing bearings. In this section, 
the failure modes related to slewing bearings are classified depending on the 
bearing parts involved:  

• Outer/inner ring: one of the failure modes of the rings is caused by tooth 
breakage and its crack propagation. The high load conditions under which 
these bearings operate can cause static fatigue failure on the gear teeth 
whose crack propagates through the bearing rings. Additionally, dust and 
other environmental contaminants can cause tooth abrasion, pitting, or 
corrosion, hastening gear failure. Furthermore, the rings can fail due to 
crack propagation through the mounting holes. Loads are transmitted 
through them from the surrounding structures, which can lead to fatigue 
cracking. Aside from that, the rings are prone to failure due to structural 
fatigue caused by the large deformations of the bearings. 

• Raceways: Since the operating mode for these bearings is at low speeds, 
they can be equated to quasi-static cases and therefore certain faults can 
be grouped together and referred to as static faults. One of these failure 
modes occurs when the static load carrying capacity is exceeded, due to 
extreme loads leading to high contact loads, resulting in permanent 
deformation of the raceways, i.e. indentations. In addition to this, under 
extreme loads the ring deformations can be excessive, which together with 
a suboptimal bearing design, leads to the ball-raceway contact patch 
reaching the edges of the races, generating stress peaks and permanent 
deformations (Figure 1.22). On top of that, core crushing is another type 
of static damage that can occur as a result of the hardness difference 
between the hardened surface and the core of the ring. 
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Figure 1.22. Edge loading (contact truncation) failure [43]. 

Another type of failure that races may experience is related to Rolling 
Contact Fatigue (RCF) where core crushing can also occur. However, this 
type of failure is more typical in conventional bearings due to their high 
rotational speeds. Meanwhile, slewing bearings rotate in an oscillating 
and non-continuous manner, so the fatigue life calculation specified in the 
standards is not applicable and needs to be adapted. Nevertheless, a non-
static failure that is related to these bearings is wear and false brinelling. 
The term false brinelling exists to define the failure mode of a bearing 
under lubricated contact conditions, where adhesive wear occurs. This 
failure mode is very similar to fretting corrosion, which is excessive wear 
occurring under dry contact conditions. Both of these failures can be seen 
in Figure 1.23. 

 
Figure 1.23. False brinelling (left) and fretting corrosion (right) [44]. 

In addition, pitting and wear are two factors that increase the probability 
of this phenomenon. Proper quality control of the manufacturing, correct 
heat treatment of the raceways, as well as proper design and analysis of 
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the bearing under operating load conditions can prevent or reduce these 
damages. 

In general, these types of raceway failures are very important in 
conventional bearings that rotate at full speed, as they induce vibrations 
and noises that lead to poor performance. By contrast, in the case of 
slewing bearings, they involve greater rotation problems, such as an 
increased friction torque, which are inconvenient but do not result in the 
bearing having to be replaced, as long as it can continue rotating. 

• Cage: high ring deformations can cause large deformations and increased 
wear on the cages, as well as fatigue fracture due to alternating loads. This 
causes improper ball-raceway contact, resulting in increased wear of these 
components and, as a result, bearing malfunction. A crack or the complete 
breakage of the cage could cause the bearing to stop rotating, which could 
involve the bearing being replaced. 

 
Figure 1.24. Cage fracture [43]. 

• Lubricant: the presence of debris, lubricant degradation due to poor 
maintenance, or incorrect lubricant selection can all result in incorrect 
viscosity, preventing the bearing from functioning properly. Incorrect 
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lubricant quantity can also cause the lubricant to cause additional failures 
that affect the performance of the bearing. These failure modes can include 
increased wear, pitting, rust and even indentation of the debris. 

• Seals: adverse environmental conditions cause increased wear and 
accelerated material ageing, which, combined with large deformations, 
can result in lubricant loss and contamination. 

The following table summarises the damage modes mentioned above due to 
various possible causes: 

Table 1.2. Ball slewing bearing failure modes. 

Rings Raceways Cage Seals Lubricant 

Structural  
fatigue Indentation High 

deformations 
High 

deformations 
Incorrect 
viscosity 

Gear contact 
fatigue 

Edge loading Wear Abrasion/ 
Wear 

Debris and 
contamination 

 Core crushing Fracture Material 
ageing 

Degradation of 
the properties 

 Rolling contact 
fatigue 

  Incorrect 
amount 

 Pitting    

 Wear    

 False brinelling    

1.3 Slewing bearing selection criteria 
As this work focuses on one and two-row four-point contact slewing bearings, 

the following section will focus on the aspects of these when it comes to design 
or selection criteria. However, most of the bearings share similar aspects, so these 
should be applicable to all types of slewing bearings, with their corresponding 
standards or equivalent guidelines. 
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1.3.1 Static load-carrying capacity 

While the dimensions of the bearings are mostly imposed by the elements 
they are connected to, they must be able to perform correctly under operating 
load conditions. To this end, there is the static load carrying capacity, which 
indicates the maximum load that a bearing can support. However, although this 
load is defined as the maximum permissible axial force (or axial load-carrying 
capacity 𝐶𝐶0𝑎𝑎), radial force (or radial load-carrying capacity 𝐶𝐶0𝑟𝑟) or tilting moment 
(or tilting moment carrying capacity 𝐶𝐶0𝑚𝑚) of the bearing, it is actually related to 
the maximum permissible contact deformation between rolling elements and 
raceways. Standard ISO-76 [45,46] proposes that the maximum acceptable 
deformation of a bearing is 0.0001 times the diameter of the rolling elements. This 
value is defined in such a way that it is acceptable in all bearing applications, 
taking into account the most heavily loaded rolling element or raceway contact. 
This ensures the proper operation of any bearing so it does not generate 
unforeseen noises or vibrations, as well as premature fatigue failures under low 
lubricated conditions. This same standard also indicates that, as an approximate 
way of avoiding such permanent deformation, the rolling elements should not 
reach a maximum contact pressure, which varies depending on the rolling 
elements, as indicated in Table 1.3. 

Table 1.3. Maximum pressure allowed for each type of rolling element [45]. 

 Self-aligning 
ball bearings 

Other ball bearings Roller bearings 

Maximum 
pressure [MPa] 4600 4200 4000 

Because of this, the corresponding value of maximum ball-raceway contact 
pressure for four-point contact slewing bearings is 4200 MPa. The external load 
that generates this maximum permissible pressure at the most heavily loaded 
ball-raceway contact is called the static load capacity. The standard provides 
formulae that allow the load capacity to be calculated under certain assumptions, 
such as, for example, the invariance of the ball-raceway contact angle and the 
neglection of the flexibility of the rings or the surrounding structures. Moreover, 
as mentioned above, three acting loads can be applied to a bearing and thus, there 
are three load-carrying capacities, whereas ISO-76 standard only proposes 



Chapter 1. Introduction  23 
 

 

formulae that allow calculating two of them: the axial load carrying capacity (1.1) 
and the radial load carrying capacity (1.2). 

 C0a = 𝑓𝑓0 𝑍𝑍 𝑆𝑆𝑝𝑝2 sin𝛼𝛼0 (1.1) 

 C0r = 𝑓𝑓0 𝑖𝑖 𝑍𝑍 𝑆𝑆𝑝𝑝2 cos𝛼𝛼0 (1.2) 

The works of Aguirrebeitia et al. [8,20] introduce the concept of general static 
load capacity, which not only allows the static load capacity of a tilting moment 
to be calculated, but also defines an acceptance surface that takes into account 
any combination of the three acting loads. Furthermore, this method takes into 
account the effects of the contact angle variation and the preload. However, a 
disadvantage is that it does not account for the flexibility of the rings, as well as 
the standard, for which the FEM is still the preferred choice. 

Continuing with the ISO-76 standard, this follows calculation criteria that are 
devised for conventional bearings, which normally have through-hardened rings 
and small dimensions, and the adjacent elements usually provide high stiffness. 
However, when it comes to slewing bearings, due to their large dimensions, the 
raceways are case-hardened by procedures such as induction, which does not 
harden the entire ring body but rather only a depth of millimetres, depending on 
the process. In addition, these bearings are thinner, which means that they are 
partially affected by the stiffness of the elements they are connected to. In fact, 
the standard does not consider failure modes affecting bearings with 
case-hardened raceways, as was studied by Lai et al. [47] and Gönz et al. [48], 
where, due to differences in material properties after the hardening process of 
the races, in addition to residual stresses from the process, the bearings could fail 
as a result of sub-surface fracture nucleation, also known as core crushing. In 
these studies, they also observed that indentation failure was more common in 
bearings where the thickness of the hardened layer was not deep enough. 

In addition, the standard does not cover another failure mode, which affects 
all types of ball bearings: the truncation of the contact ellipse. This is because as 
a load is applied to the bearing, the contact angle of the ball-raceway changes. 
This can lead to the contact patch reaching the limits of the raceway as shown in 
Figure 1.25, resulting in stress concentrations that can exceed the pressure and 
deformation limits mentioned above. This tends to occur on the most heavily 
loaded balls since, in addition to the variation of the contact angle, the load on 
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the balls tends to increase, so the contact ellipse size also increases, which 
accelerates the aforementioned effect. 

 
Figure 1.25. Outline of the contact ellipse truncation due to a high contact angle and 

the lengthening of the ellipse area. 

 
Figure 1.26. Force lines and deformation of the rings for tension and compression 

forces. 

Truncated contact 
ellipse

Initial contact 
ellipse

Tension forces

Compression forces
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However, this can also occur because of the flexibility of the rings. For 
example, four-point contact slewing bearings tend to show greater flexibility at 
the furthest edges from the bolted connection (see Figure 1.26). Therefore, when 
a slewing bearing zone is subjected to tension, a more rapid change in contact 
angle (𝛥𝛥𝛼𝛼) is observed, and truncation is more likely to occur. Figure 1.26 shows 
the bearing deformations subjected to tension and compression forces, as well as 
the force lines, which lead to greater ring deformations. 

1.3.2 Stiffness 

Another parameter that determines bearing behaviour is its stiffness, which 
can be defined as the relationship between the displacement of one ring relative 
to the other and the applied load. The aforementioned standard does not specify 
anything about the design criteria for bearings considering their stiffness. In this 
sense, as a general rule, the greatest stiffness is sought, while complying with 
other design criteria, such as static load capacity, weight and friction torque. 

Four-point contact slewing bearings are slender bearings whose deformations 
are highly affected by the surrounding elements. Therefore, when calculating the 
stiffness of these bearings, the boundary conditions of the model and typical 
assumptions such as rigid rings have a significant effect on the results. Ignoring 
the effect of these assumptions can lead to an overestimated stiffness, induced by 
elements that do not represent reality, underestimating the possible final 
deformations of the whole structure, as shown above in Figure 1.26. 

The current state of the art proposes models where rigid rings are considered 
as the surrounding elements are often unknown. However, the FEM method is 
the way forward as models of varying levels of complexity can be modelled. This 
allows calculations to be performed to measure the stiffness provided by the 
bearings parts, and also to take into account the flexibility of the surrounding 
structures. 

1.3.3 Friction torque 

Friction torque is the action that resists bearing rotation. This action is 
generated by the friction forces occurring at the contacts in the bearing. In 
bearings with rolling elements, the friction forces are generated at the contact 
between the rolling elements and the raceways. Rolling elements usually have a 
rolling motion with sliding. This means that, in the case of ball bearings, one part 
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of the contact ellipse is pure rolling (stick) and the other part is sliding (see Figure 
1.27). The resulting forces on the contacts oppose the natural motion of the rolling 
elements, the sum of which produces a resulting moment that opposes the 
bearing rotation. 

 

Figure 1.27. Contact ellipse stick and slip regions which produce friction forces [25]. 

Because of this, the contact patch shape and its forces are the main factors 
affecting the friction forces of each contact and this is why several factors can 
influence the friction torque, such as the type of rolling elements, the design of 
the raceways, their surface quality, the lubrication, the load the bearing is 
subjected to, among others. 

In contrast to bearing stiffness, friction torque should be as low as possible, 
and this is a key criteria in the selection of a bearing, as it is an indicator of its 
performance. Low friction torque results in high efficiency as the power required 
to rotate the bearing decreases. Similarly, in the case of bearings used for power 
generation, it leads to higher energy efficiency. Conversely, as a result of 
lubricant deterioration, high friction torque values can be reached, increasing the 
wear and reducing the performance of the bearing. Optimizing the bearing 
geometry and the preload of the rolling elements, as well as appropriate 
lubrication and maintenance systems can help to reduce friction torque and its 
negative effects. 

Since calculations using numerical models such as FEM (Finite Element 
Method), BEM (Boundary Element Method) or CEM (Contact Element Method) 
are computationally expensive, several analytical models in the literature allow 

𝜔𝜔 

Sliding 
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for estimating the friction torque by making some simplifications. However, 
bearing manufacturers often use their own formulae based on their experience. 
There are also design guidelines, such as the Wind Turbine Design Guideline 
(DG03) [49] by NREL (National Renewable Energy Laboratory), which offers a 
very simplified and easy-to-use expression (1.3) to obtain a rough estimate of the 
friction torque (𝑇𝑇) as a function of the external loads, bearing mean diameter and 
an apparent coefficient of friction (𝜇𝜇𝑎𝑎). 

 𝑇𝑇 = 𝜇𝜇𝑎𝑎
𝑆𝑆𝑝𝑝𝑝𝑝

2
�

4.4𝑀𝑀
𝑆𝑆𝑝𝑝𝑝𝑝

+ 2.2𝐹𝐹𝑟𝑟 + 𝐹𝐹𝑎𝑎�  (1.3) 

Slewing bearings are designed to withstand external forces, to be rigid 
enough to not deform or interfere with other elements, and to have enough 
preload - and thus precision - to avoid erroneous operation. All of this affects the 
final friction torque of the bearing, which must be overcome when rotating it. 
Calculating the friction torque is therefore critical to avoid selecting the incorrect 
drive motor. A correct estimation of the friction torque allows for an equilibrium 
to be reached between the load-carrying capacity and its performance. In 
addition, friction torque can be used as a quality control indicator, where a big 
difference from the reference value may indicate a problem during the 
manufacturing and assembly process. The present Doctoral Thesis focuses its 
main research line on friction torque. 

1.3.4 Dynamic load-carrying capacity and fatigue 

Although the static capacity of a bearing has been discussed above, the fact is 
that most bearings are subjected to variable loads. Even if the loads were 
stationary, the rotation of the bearing would cause varying loads on the rolling 
elements. It is therefore necessary to set the dynamic capacity parameter of a 
bearing and its fatigue life. Again, standard ISO 281:2007 [50] and its expanded 
modification ISO/TS 16281:2008 [51] propose a simplified procedure that allows 
for it to be calculated. Some manufacturer catalogues also provide some guides 
that allow for the calculation of the bearing lifetime, accounting for the surface 
finish, geometrical parameters, acting loads and lubrication among others, but 
focus mainly on conventional bearings. 

However, slewing bearings do not reach the same high rotating speeds as 
conventional bearings. These bearings operate by oscillating from a reference 
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point at different speeds in order to direct the component in the right direction 
and withstand very high loads, such as wind forces in the case of bladed wind 
turbines. Therefore, given the specifics of these bearings, no fatigue criterion has 
yet been established in the current standards that take into account all the 
possible operating conditions in which they can be used. 

All these intricacies have aroused a great deal of interest in the research 
community, from offering methods to calculate the lifetime of these bearings to 
monitoring the bearings to predict their forthcoming failures, i.e. Houpert et al. 
[52], a research work that proposes an alternative method to calculate the bearing 
life in oscillating components by implementing corrective coefficients to the 
standard formulae. However, while this Doctoral Thesis will not deal with 
dynamic bearing design, many of the concepts used and conclusions drawn from 
this work will provide, albeit less significantly, certain insights that will enable a 
better bearing life calculation. 

1.4 Literature review of slewing bearings 
There is an extensive list of ISO standards [53] relating to rolling bearings. 

However, these standards are intended for general bearings and are difficult to 
apply to slewing bearings because they have very specific characteristics that do 
not share with ordinary bearings. Despite this, there is an extensive list of 
research works that are widely used in the design, manufacturing and testing of 
ball slewing bearings. This section compiles a list of these research works 
classified according to the topics involved in this Doctoral Thesis. Nonetheless, 
some of these deserve to be mentioned first, as although they are related to 
conventional bearings, they cover a wide range of topics and are recognised, used 
and referenced in most research and design works, such as the study by Harris 
and Kotzalas [36,54]. These works are so extensively detailed that they can be 
used for all types of bearings. In addition, the National Renewable Energy 
Laboratory (NREL) published a guideline (DG03) [49] for wind turbine bearings, 
which Harris also took part in, along with Rumbarger and Butterfield, which is 
worth mentioning because of its specialized focus on slewing bearings. Recent 
research works by Stammler et al. [55,56] outlines the major differences and 
updates that the new version of DG03 will cover as “the DG03 does not reflect 
today’s state of the art, yet it is referred to…”. These works discuss some topics 
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such as the minimum requirements for FE modelling and inaccuracies in the 
friction torque formula. 

The table below contains a summary of the research papers that will be 
explained descriptively in the following sections in a structured manner, to not 
only provide the necessary knowledge for this work, but also to illustrate the 
evolution of literature as a function of the interaction between different studies 
focused on different topics and the resources available at the time. The most 
relevant works related to this Doctoral Thesis will be described in more detail in 
the relevant chapters. 

Table 1.4. Categorisation of the research work references. 

Symbols: Analytical (𝐴𝐴) – Finite Elements (𝐹𝐹𝐹𝐹) – Experimental (𝐹𝐹) 

Research interest Description Method References 

Load distribution 
problem 

Normal contact theory 
A [57–61] 

FE + A  [62] 

Load-carrying capacity and  
load distribution models 

A+E [63–66] 

A [8,9,19,67–73] 

A+FE [12,20,23,27,74] 

FE [21,75–78] 

Ball-raceway  
normal contact models 

FE [79–82] 

Experimental testing and 
validation 

FE + E [83–85] 

E [86–88] 

Friction torque 
problem 

Simple formulae 
A+E [89,90] 

A [40,49,91,92] 

Formulae with  
multiple friction sources 

A [93–101] 

Tangential contact theory A [102–119]  
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Ball-raceway  
frictional contact models 

A [25,88,120–126] 

FE+A [12,23–25] 

Experimental testing and 
validation 

E [84,90,127–134] 

Bearing Global 
Stiffness 

Rigid boundary models A [71,135–138] 

Flexible boundary models 
A [139–141] 

A+FE [10,12,23,74,142] 

Fatigue life 

Standards and guidelines - [49–51] 

Contact fatigue 
FE [143–145] 

E [146–152] 

Lubrication  
and wear 

False brinelling and fretting 
corrosion 

E [44,153–157]  

Coefficient of friction E [31,99,100,124] 

Condition 
monitoring 

Failure prediction and 
monitoring techniques 

E [87,158–163] 

Experimental testing and 
sensorisation 

E [84,127–134] 

1.4.1 Load distribution model 

The load distribution problem tries to obtain the balance between the external 
forces or displacements applied to the rings of a bearing with the contact forces 
generated on the rolling elements. For this purpose, it is necessary to solve the 
contact problem between the rolling elements and the raceways must be solved 
first. 

The first remarkable approach to solve the point contact problem was done 
by Hertz [57,58], who solved it by assuming small elastic deformations compared 
with the curvature radius of the contacting bodies, which is also known as the 
Hertz theory. Furthermore, he assumed that the surfaces were non-conformal, 
without any imperfections and any friction forces, so that the contact problem 
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was only taking normal forces into account. The Hertz theory is partially 
applicable to ball slewing bearings, as the contact is non-conformal in the 
circumferential direction due to the large size of these bearings, leading to the 
small size of the contact area in that direction. However, it is highly conformal in 
the radial direction, as could be seen in the contact patch shown in Figure 1.28, 
where the size of the contact patch in that direction is larger. Aside from that, the 
friction loads can be significant on these bearings. 

 
Figure 1.28. Ball-raceway contact ellipse detail [164]. 

Brewe and Hamrock [59] would later offer a simplified approach to solve the 
contact problem, which avoids solving the elliptic integrals of the Hertz theory. 
Their research work proposed explicit equations to calculate the major and minor 
semi-axes and the normal contact deformation of the contact ellipse. Later, 
Houpert would also develop a different approach to avoid the same elliptical 
integrals for both hertzian [60] and non-hertzian contacts [61]. His alternative 
offered some expressions based on tabulated constants, of which there were 
fewer and which simpler to understand and apply. Later, Pandiyarajan et al. [62] 
would show that the formulae from the Hertz theory would approximate the 
Finite Element (FE) calculations for large bearings quite well. His work compared 
the results obtained using the analytical formulae from the Hertz theory with the 
results obtained using the Finite Element Method (FEM) for an angular contact 
thrust bearing, obtaining a high degree of correlation between them. 

When it comes to the load distribution of the applied loads among the rolling 
elements in a bearing, Stribeck [63–65] solved the problem for conventional ball 
bearings under various loads. Sjoväll [67] proposed a method to solve the load 
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distribution for a combination of axial and radial loads for both ball and roller 
bearings by means of load distribution integrals. Jones [68,69] proposed a model 
for radial ball and roller bearings under any load combination. However, the 
resulting equations were highly non-linear, so they needed to be solved using 
numerical methods. Rumbarger [70] proposed a method for the case of an axial 
load combined with a tilting moment generated by the eccentricity of the axial 
load, for a thrust bearing. 

Several years later, Zupan and Prebil [165] developed a model for four-point 
contact slewing bearings to study the load-carrying capacity under combined 
loads. They also studied the effect of some geometrical parameters and compared 
the results considering both ideally stiff rings and elastic surrounding structures. 
An FE model was used to calculate the stiffness matrixes for the analytical model 
and the computed tangential stresses were compared with the experimental 
measurements. Meanwhile, Houpert [71] proposed an approach which 
considered the relative displacements between the rings of a bearing, consisting 
of three translations and two tilting angles. 

Subsequently, Amasorrain et al. [72] adapted Jones’ work and proposed a 
calculation procedure for the load distribution of the rolling elements in a 
four-point contact slewing bearing considering rigid rings, which was used as a 
reference for Olave et al. [74] to later implement ring deformations in her 
analytical model. The later research work, used superelements (SE) to obtain the 
stiffness matrix of the rings and surrounding structures for the analytical model. 

Aguirrebeitia et al. proposed an interference model, based on a generalization 
of the equations presented by Sjoväll and Rumbarger, for calculating the load 
combinations that result in static failure for four-point contact slewing 
bearings [8], crossed-roller slewing bearings [27] and three-row roller bearings 
[9]. Later, Aguirrebeitia et al. enhanced the models to consider the variation of 
the ball-raceway contact angle [19] and the ball preload [20], which were based 
on Houpert’s research work [60] to solve the contact problem.  

Potočnik et al. [73] proposed a method for taking irregularities, clearances or 
ring deformations into account when solving the load distribution problem. 
Starvin and Manisekar [75] and Aithal et al. [76] used Finite Element Analysis 
(FEA) to calculate the effect of manufacturing errors on load-carrying capacity 
and load distribution in large-sized angular contact ball bearings, demonstrating 
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that they can be significant. Heras et al. [12,23] also proposed a methodology to 
calculate the load distribution problem considering ball preload, manufacturing 
errors and ring flexibility on four-point contact slewing bearings using analytical 
methods based on the minimization of potential energy. These research works 
also used FE calculations to obtain the stiffness matrix of a ring sector to be 
implemented into the analytical model. 

Recent fast and significant advances in computational capabilities have 
enabled the calculation and validation of many models: numerical, analytical, 
and experimental. Because of this, a great deal of work has been focused on 
optimising the bearing FE modelling, which has enabled faster and more accurate 
load distribution calculations. In the research works mentioned below, different 
efficient modelling techniques are shown which strive to reduce the 
computational cost and the convergence problems linked to the non-linearity of 
the contacts. 

In Golbach’s research work [80] the balls were replaced with a four-node 
element (two on each of the raceways) that complied with the goal of simulating 
the elastic behaviour of the contact as well as the variation of the contact angle. 
To accomplish this, the centres of the raceways were rigidly connected to two 
points on the raceway itself. Then, to represent the stiffness of the contacts, both 
race centres were connected with a non-linear element. This element modelled 
the ball behaviour of two non-conformal elastic bodies based on the work 
conducted by Brewe and Hamrock [59] mentioned above. 

 
Figure 1.29. Proposed ball-raceway contact model by Golbach [80]. 

Later, Smolnicki et al. [81,82] proposed a model where the ball was removed 
and replaced with two rigid beams and one non-linear tension-only elastic 
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element, which represents the structural behaviour of the contacts. The rigid 
beams connected the raceways with their curvature centres and the non-linear 
elements of both of the centres. The load-deformation behaviour of the non-linear 
elastic element was defined by the potential function (1.4). 𝐶𝐶  and  𝜂𝜂  were 
parameters determined by FE analyses instead of hertzian contact formulation. 

 𝛿𝛿 = 𝐶𝐶𝑄𝑄𝜂𝜂  (1.4) 

 
Figure 1.30. Proposed ball-raceway contact model from Smolniki [81,82]. 

The most remarkable contribution was proposed by Daidié et al. [79], who 
adapted the work of Golbach to four-point contact slewing bearings, replicating 
the model for each contact diagonal. In his work, the raceway centres were 
connected with tension-only spring elements. To represent the ball-raceway 
load-deformation behaviour with those elements, they applied Houpert’s 
work [60]. The Daidié’s mechanism was the best replacement for modelling ball-
raceway contact, since it was developed for high osculation ratios. Because the 
elastic elements considered the contact stiffness, the raceway was stiffened by 
means of rigid shell elements. The rectangle size was defined by the semi-axes of 
the hypothetical contact ellipse the ball raceway contact would have. For this, 
they also used the approach proposed by Houpert [60] mentioned above. Finally, 
each raceway centre was connected to its corresponding stiffened raceway 
rectangle using rigid beams (see Figure 1.31). With all of this, the transmitted 
forces would not deform the raceway and they would be transmitted through the 
rigid beams to the elastic elements. 
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Figure 1.31. Ball-raceway contact model of Daidié [79]. 

The recent research work from Graßmann et al. [166] presented an alternative 
which modelled Daidié’s mechanism using force distributed constraints instead 
of rigid beams connected to the whole surface of the raceway for each ball-
raceway contact sector. This technique avoids the possible indentation that the 
original Daidié’s mechanism may show, accounting twice for the deformation of 
the raceways. 

These finite element techniques, although still needing to be solved with a 
non-linear solver, avoid the modelling of the balls. This means that the number 
of Degrees of Freedom (DoF) of the problem is reduced both by the non-existence 
of the rolling elements and by not needing to refine the mesh of the ball-raceway 
contact, reducing the computational cost significantly. Moreover, the use of the 
previous mechanisms reduces the convergence problems that may arise from the 
contacts such as chattering (solver convergence issue on the contacts) or rigid 
body motion from a lost contact. Thus, these techniques are widely used in the 
research community and in the industry. 

These research works have served as a reference for many slewing bearing 
models, such as Chen and Wen [77,78] who used it to run FE simulations of large-
scale rolling bearings. Aguirrebeitia’s analytical model [20] was also validated 
through FE simulations which used Daidié’s mechanism. This model considered 
the ball preload by changing the length of the non-linear spring to apply the 
preload on the balls. Spiewak [66] also used Daidié’s mechanism in a two-row 
four-point contact slewing bearing to calculate its static carrying capacity. Heras 
et al. [12] used the superelement method, using the approach by Plaza et al. [21], 
reducing the rings to the raceway centres and obtaining the stiffness matrix, to 
then implement Daidié’s mechanism to solve the load distribution problem.  

Plaza et al. [21] studied the advantages of applying the SE method for FE 
simulation of a blade-hub assembly, where they reduced the structural behaviour 
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of the rings and adjacent elements to the contact surfaces of the bearing raceways. 
With a similar approach, Heras et al. [12] also applied the SE method, but this 
time to obtain the stiffness matrices of the rings reduced to the centres of the 
raceways in order to implement them in the analytical load distribution model, 
which was based on the minimisation of the potential energy described 
above [12,23] to subsequently calculate the friction torque of the bearing. 

 
Figure 1.32. SE based ball-raceway contact FE model of Heras [12]. 

Subsequently, Leupold et al. [83] carried out FE simulations considering 
surface-to-surface contact for the ball-raceway contact of a two-row four-point 
contact slewing bearing. This aimed to obtain results that are more accurate and 
predict the edge loading. He used a test rig to validate the obtained results 
experimentally, which was also part of the FE model while calculating the load 
distribution. 

 
Figure 1.33. Leupold bearing test rig [83]. 

In addition to the above-mentioned research works that use analytical and 
numerical methods, others use experimental methods to validate their models as 
the latter one. Zupan et al. [86,87] made a purpose-built test for the experimental 
verification of the load-carrying capacity of large-sized rolling bearings. Lacroix 
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et al. [88] developed an experimental procedure to analyse global displacements 
by digital image correlation and compared them with the numerical results of a 
four-point contact slewing bearing. This served to validate the numerical model 
by assuming both rigid and flexible rings and housing. Seok Nam et al. [84] 
developed a highly reproducible test rig for pitch and yaw bearings of wind 
turbines and cross-validated the FE model using strain gauges over the test rig. 
Liu et al. [85] validated their FE model, based on Daidié’s mechanism, of a 
four-point contact slewing bearing with experimental results under variable axial 
loads and tilting moments. To do this, they inserted strain gauges inside the 
circumference of the inner rings, measuring the load distribution indirectly. 
Graßmann et al. [166] also validated their FE contact model with a more detailed 
sub-modelling technique and experimental tests of a two-row four-point contact 
slewing bearing, sensorised with strain gauges on the outer ring. 

It is also worth mentioning that most of the manufacturers offering load 
distribution formulae in their catalogues are based on a mixture of analytical 
equations and experience from their experimental tests. 

1.4.2 Friction torque problem 

The friction torque is one of the current hot topics in the field of slewing 
bearings. By correctly calculating this parameter, the manufacturers obtain a 
more reliable product, while the end users get a better system performance.  

The first relevant research work in this area was done by Palmgren [89] for 
conventional bearings, who proposed a friction torque model with a load-
dependent and a load-independent part. Because of the low rotational speeds of 
slewing bearings, there is no need to consider the speed dependence, so the 
expression he presented was as equation (1.5): 

 𝑇𝑇 = 𝑓𝑓0 10−7 · 160 𝑆𝑆𝑝𝑝𝑝𝑝 + 𝑓𝑓1 𝑃𝑃1 𝑆𝑆𝑝𝑝𝑝𝑝 (1.5) 

Where 𝑓𝑓0 and 𝑓𝑓1 are empirical values, 𝑃𝑃1 is the equivalent load as a sum of all 
the absolute contact loads. However, this procedure required solving the load 
distribution problem and fitting the data with experimental values, so it was not 
that widely used. It was not until many years later that NREL proposed an 
equivalent simple way to estimate the friction torque of slewing bearings [49], 
which was also dependent on an axial load, radial load and tilting moment.  
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However, it does not consider any combined effect between these loads, so 
the contribution to the friction torque from each external load is considered 
independently. Furthermore, this formula includes an apparent coefficient of 
friction, which is dependent on the separating elements used (cage, spacers or 
none). This formula can be expressed as a generic expression for the friction 
torque, which also considers the friction torque contribution of the assembly 
without any load applied, as shown in (1.6): 

 𝑇𝑇 = 𝜇𝜇𝑎𝑎
𝑆𝑆𝑝𝑝𝑝𝑝

2
�𝐴𝐴

𝑀𝑀
𝑆𝑆𝑝𝑝𝑝𝑝

+ 𝐵𝐵 𝐹𝐹𝑟𝑟 + 𝐶𝐶 𝐹𝐹𝑎𝑎� + 𝑇𝑇0  (1.6) 

Where 𝑇𝑇 is the friction torque value, 𝑀𝑀, 𝐹𝐹𝑟𝑟 and 𝐹𝐹𝑎𝑎 are the external loads, tilting 
moment, radial force and axial force, respectively; 𝐴𝐴 , 𝐵𝐵  and 𝐶𝐶  are constant 
coefficients; 𝜇𝜇𝑎𝑎  is the apparent coefficient of friction; and 𝑇𝑇0 is the idle friction 
torque. The generic expression (1.6) is sometimes provided by different 
manufacturers in their catalogues, and each one modifies the coefficients of each 
load based on their experience and bearings. While the manufacturers tend to 
define 𝐴𝐴 = 4.4 , 𝐵𝐵 = 3.8  and 𝐶𝐶 = 1  [40,91,92], the NREL proposes 𝐵𝐵 = 2.2  [49], 
leading to the most extended formula for slewing bearings, which was shown 
above in (1.3). 

However, these formulations are approximate functions that do not consider 
the effect of some common aspects of slewing bearings such as the ball preload, 
the contact angle variation or the osculation ratio, among others. 

On the other hand, some manufacturers, such as SKF [93], offer a friction 
torque estimation expression as a modification of the one proposed by 
Palmgren [89], where the friction torque is divided into various sources as 
expression (1.7): 

 𝑇𝑇 = 𝑇𝑇𝑟𝑟𝑟𝑟 + 𝑇𝑇𝑠𝑠𝑠𝑠 + 𝑇𝑇𝑠𝑠𝑒𝑒𝑎𝑎𝑠𝑠 + 𝑇𝑇𝑑𝑑𝑟𝑟𝑎𝑎𝑑𝑑  (1.7) 

Where 𝑇𝑇𝑟𝑟𝑟𝑟  is the friction torque caused by the rolling contacts, 𝑇𝑇𝑠𝑠𝑠𝑠  is the 
friction torque contribution from the sliding contacts, 𝑇𝑇𝑠𝑠𝑒𝑒𝑎𝑎𝑠𝑠 is the friction torque 
contribution caused by the sealing parts and 𝑇𝑇𝑑𝑑𝑟𝑟𝑎𝑎𝑑𝑑 is the friction torque caused 
by the drag of the lubricant. This manufacturer offers analytical expressions to 
calculate the effect of each part based on their bearing models and experience 
with their bearings. 
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Todd and Johnson [94] proposed an approach for angular contact ball 
bearings to consider the effects of the spin, microslip and hysteresis on the 
friction torque, together with the contact angle variation. Other research works 
[95–97] separately calculated the effect of different components on the friction 
torque, providing simple but powerful formulae for the friction torque 
calculations. Olaru [98] and Bălan [99,100] also proposed new models for ball 
bearings with two contact points, as well as Chi Zhang [101] for tapered roller 
bearings, which considered roller skewing. 

There are various sources of friction torque that affect all bearings depending 
on the interactions between components considered in the model (ball-raceway, 
ball-cage/separators and seals-rings, among others). However, due to the low 
rotational speeds at which slewing bearings usually operate, they lack some of 
these sources of friction or they can be simplified, e.g. the effect of the lubricant 
drag, which can be substituted by an effective coefficient of friction. The 
contribution of some of these contacts, such as the seals-rings contact or the 
separating elements, can be assumed as independent from the external loads. 
Given the high loads the slewing bearings support, the shear stresses of the ball-
raceway contacts are the main contributors to the friction torque. 

Carter [102] formulated the distribution of the shear stresses for a roller-
raceway contact, showing how the maximum surface shear stresses were 
occurring on the edge of the contact. Mindlin [112] studied the tangential loads 
between two sliding elastic bodies. He found that the tangential tractions became 
infinite at the edges of the contact patch, resulting in slip. Thus, he showed that 
on a circular contact surface, the tangential force should not exceed the product 
of the normal pressure and the coefficient of friction. Poritsky [113] solved the 
contact problem in two dimensions also assuming hertzian contact, for both 
normal and tangential loads. Smith and Liu [114] agreed with Poritsky and 
showed how the maximum shear stress may be at the contact surface. Finally, 
Johnson [115–119] studied and expanded the theoretical formulation of 
tangential forces and micro-slip in rolling contact. 

The rolling contact problem has not only been a problem for the bearing 
sector. In fact, the railway sector has tried to solve the same problem, where the 
Hertz theory has also been widely used. As a result, various studies conducted 
in the railway sector have made major contributions that apply to the bearing 
sector. One of the most widely known contributions in this sector was by Kalker, 
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who first studied the rolling contacts in full adhesion [105]. This theory assumed 
continuous traction distribution at the edge of the contact, which is known as 
Kalker’s creep force linear theory, and the table of longitudinal creepage and spin 
coefficients he presented are known as Kalker’s coefficients. He extended Haines 
and Ollerton [106] strip theory to add lateral and spin creepage, where the wheel-
raceway contact patch is assumed to be elliptical. In his research works [104,105] 
he separated the contact area into parallel slices along the longitudinal axis. He 
later defined the relation between the longitudinal and lateral creepages and the 
total creep force in the empirical theory [107]. Subsequently, he simplified this 
linear theory [108] and developed the FASTSIM [109] computational algorithm. 
In this simplified theory, he approximated the relation between the tangential 
surface traction and displacement by using flexibility parameters, dependent on 
the aforementioned creepage and spin coefficients. This algorithm, valid only for 
hertzian contacts, is widely used in the study of wheel-track contacts since it 
allows for the dynamic study of these with a low computational cost.  Kalker then 
developed the exact contact theory [110], which he implemented in the CONTACT 
computational algorithm. This was a generalization of the principle of virtual 
work for solving the contact problem. However, although this was much more 
accurate and valid for non-hertzian contacts, it was 1000 times slower than 
FASTSIM [111]. 

As previously stated, the shear stresses of the contacts between the raceways 
and rolling elements are the main contributors to the friction torque in slewing 
bearings, which rotate at low speeds. In this regard, Jones [120] proposed an 
approach where the bearing kinematics were solved by solving the equilibrium 
of the external forces on the ball. He assumed full sliding on the contacts (Figure 
1.34a), so the friction forces were computed as a product of the normal forces and 
coefficient of friction of Coulomb. Hamrock [121] used Jones’ approach and 
adapted it to three-point contact ball bearings. Leblanc and Nélias [122,123] later 
adapted this model to four-point contact ball bearings under any load 
combination. However, these models assumed rigid rings, so Lacroix et al. [88] 
subsequently proposed a method to account for the flexibility, based on Leblanc 
and Nélias’ work. 
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Figure 1.34. Shear stress (up) and contact stick-slip status (down) for a ball-raceway 
contact: (a) Leblanc and Nélias model; (b) FRANC model; (c) FE global model; (d) FE 

submodelling [25]. 

In addition to all of this, ball slewing bearings are large-sized bearing, used 
for orientation purposes, their operational rotational speeds are low, and the 
inertial effects could be neglected. Taking this into account, Joshi et al. [124] 
adapted Leblanc and Nélias' work. Consequently, the load distribution problem 
and the kinematics were solved separately. Joshi validated his model with 
friction torque experimental results. However, he studied the four-point contact 
and the two-point contact state of the balls separately. Based on this, Heras [25] 
implemented Joshi’s previous approach, enhancing the algorithm to avoid the 
model convergence problems. In the case of slewing bearings for wind turbines, 
under regular working loads, which imply high tilting moments, most of the balls 
are in the two-point contact state. These balls behave in the same way as typical 
angular contact balls. Consequently, stick regions will exist in the contact area 
according to the Heathcote slip [125], even if in high-conformity contacts the slip 
is dominant in most of the contact region [126]. This effect could be seen in Figure 
1.34b, c and d. The contact patch shear stresses and stick-slip regions for four-
point contact slewing bearings using the aforementioned analytical methods are 
shown in Figure 1.34. 

However, Heras et al. [12,23–25] studied the stick-slip regions using FE 
(Figure 1.34c) for a ball-raceway contact, even using submodelling (Figure 1.34d) 
to obtain more precise results, from which he concluded that the full sliding 
hypothesis (Figure 1.34a) was acceptable for these bearings to compute the 
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friction torque. Stammler et al. [90] also compared different friction torque 
models with experimental results, concluding that none of the models could 
completely predict the friction torque. Later, Menck et al. [127] obtained new 
experimental results and offered an empirical equation to model the friction 
torque, which requires previous experimental testing. 

 
Figure 1.35. IWES BEAT1.1 multiaxial bearing test rig (©Fraunhofer IWES/Ulrich 

Perrey) [127]. 

The experimental results obtained by Menck and Stammler were performed 
at the Fraunhofer IWES Large Bearing Laboratory (Figure 1.35) test rig for full-
scale medium-sized slewing bearings. This test bench is one of the most advanced 
available today, which can be used to apply static loads and perform fatigue tests, 
as well as monitor ring deformations, friction torque, wear, etc. This laboratory 
is known for its research on large bearings for wind turbines, which has various 
test benches [128] for large-sized bearings. The BEAT 6.1 test bench was 
completed in 2019, which could be used to validate FE models and contact 
calculation models, and to perform accelerated tests of true slewing bearings of 
20 years in 6 months. This test rig is capable of introducing static loads up to 
50 MNm, and dynamic tilting moments of 25 MNm in all directions and monitors 
all types of data due to the incorporated advanced data acquisition system. The 
test rig applies the loads into the structure by means of six hydraulic cylinders, 
transmitted to the top bearing. These loads are then transmitted to the lower 
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bearing via a connector part, which emulates the stiffness of a wind turbine blade. 
The working principle of the BEAT 1.1 (Figure 1.35) is the same but for smaller 
bearings, but considers stiffer boundary conditions for the bearings. 

 
Figure 1.36. IWES BEAT6.1 multiaxial bearing test rig (©Fraunhofer IWES/Ulrich 

Perrey) [128]. 

Previously, other test rigs enabled experimental bearing measurements, 
which could also be used for slewing bearings. However, due to the large 
dimensions of these bearings compared to conventional bearings, small-sized 
bearings were commonly used to analyse the behaviour and obtain scaled results 
of these, such as the one used by Joshi et al. [124], which applied an axial load by 
tightening six load screws. Paleu et al. [129] also developed a test rig for high-
speed rolling bearings that applied axial force into the tested bearings by means 
of loaded springs.  
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Figure 1.37. Axial test rigs used by Joshi [124] (left) and Paleu [129] (right). 

A more complete test rig can be seen in the Korea Institute of Machinery and 
Materials (KIMM) [84,130]. This test rig tests the bearings in pairs, while the top 
bearing rotates and the lower one remains fixed. The working principle is the 
same as the aforementioned BEAT 1.1 and BEAT 6.1 from Fraunhofer IWES, 
where the acting loads are generated by six hydraulic cylinders and a force 
transmitting element is placed between the bearings. 

 
Figure 1.38. KIMM bearing test rig [84]. 
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Windbox is an energy cluster composed of Antec, Erreka, Glual, Grupo Wec, 
Hine, LauLagun and Siemens Gamesa located in the Basque Country, Spain that 
also owns a full-scale test rig including all the bearing interfaces on it: hub, 
blades, pitch drives and so on. The Windbox test rig was developed to test the 
pitch and yaw bearings and main shaft bearings of wind turbines. This test rig 
[131] (Figure 1.39) applies the loads on the blades and is capable of testing three 
slewing bearings at the same time, up to 55 MNm static loads and 35 MNm 
dynamic loads, monitoring deformations, temperatures, and vibrations, among 
others. Fraunhofer IWES also developed the BEAT 2.1 test bench [128] that 
enabled the testing of the entire hub-blade and bearing-rotor groups, consisting 
of a hub and three blades (two blade roots and one full blade), but it can only test 
one slewing bearing. 

 

 
Figure 1.39. WINDBOX test rig [131]. 

Naturally, bearing manufacturers are the other main users and developers of 
these real-scale test rigs, for example, the one owned by Schaeffler [132], called 
Astraios (see Figure 1.40), which enables the testing of wind turbine main shaft 
bearings statically and dynamically. The axial load and tilting moments of this 
test rig are applied to the bearing by the four axial hydraulic cylinders, and the 
four radial ones simulate the weight of the hub and the blades. Other 
manufacturers, such as Liebher [133] and Rothe Erde [134] also own their own 
true-scale test rigs. 
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Figure 1.40. “Astraios” test rig from Schaeffler [132]. 

However, the availability of experimental results for friction torque in 
slewing bearings is scarce, as most of the available test rig results belong to 
manufacturers who use these data to adjust the formulae they provide in their 
catalogues. Thus, the number of research papers that publish friction torque test 
data for slewing bearings is minimal, and therefore those that are published, such 
as those of Menck et al. [127] are of extremely relevance. 

1.4.3 Bearing global stiffness 

As could be seen in the previous sections, many manuscripts consider their 
model bearings with rigid rings or surrounding structures. However, it has also 
been shown that implementing the flexibility of these components can be useful 
when calculating the load distribution of bearings. In addition, bearings have 
another key feature during bearing design and selection, namely the overall 
bearing stiffness, which can be affected depending on the boundary conditions 
of the model. 

Compared to other parameters and calculation methods, the global stiffness 
of bearings has no standardised calculation process, which has led to 
manufacturers providing bearing stiffness curves without much detail about the 
calculation process or the assumptions made in the calculation. 
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Indeed, load distribution calculation methods also allow for bearing capacity 
and stiffness to be calculated, such as Houpert [71], Lim and Singh [135], Hernot 
et al. [136], Liew and Lim [137] and Noel [138] research works. However, these 
works consider rigid rings, so they only assume the deformation of the ball-
raceway contact. 

The models proposed by Jones and Harris [139], Harris and Broschard [140] 
and Mignot et al. [141] for planetary gear-transmission bearings consider the 
stiffness of the structures. However, those were viable because these bearings are 
always subjected to the same boundary conditions and loads. In contrast, this is 
not applicable for slewing bearings due to their varying load condition, so an 
analytical approach is not feasible in a simple manner. 

Some of the analytical approaches described in section 1.4.1, such as the semi-
analytical methodology shown by Olave et al. [74] can be used to consider global 
deformations. Also, the work performed by Guo and Parker [142] considered 
ring deformations via FEM. Heras et al. [12,23] also proposed a methodology to 
calculate the load distribution problem considering ring flexibility obtaining the 
stiffness matrix of the rings by means of FE sector models. However, when it 
comes to obtaining a simple formulation for calculating the bearing stiffness 
while accounting for flexibility, the difficulty lies in requiring numerical 
methods. However, Heras [10] proposed a simple engineering formulation to 
calculate stiffness in four-point contact slewing bearings, considering ring 
deformations, which were calculated using FEM. These approximated formulae 
gave a maximum relative error of 7.5% when compared to FE results.  

1.4.4 Fatigue life 

The fatigue life of slewing bearings, considering rolling fatigue as the failure 
mode, only relies on ISO 281:2007 [50] and its extension ISO/TS 16281:2008 [51] 
as accepted standards, which were developed for conventional bearings. These 
standards are based on the life estimation proposed by Lundberg and 
Palmgren [167,168]. The NREL [49] provides a simplified version of the life 
calculation methods for yaw and pitch slewing bearings. However, all these 
procedures have their limitations, which have sparked an interest in researching 
and providing specific calculation methodologies for these bearings. 
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Sawiki et al. [143] provided the mathematical model for calculating the 
fatigue life of large-diameter slewing bearings and developed an FE model to 
determine the actual bearing loads due to housing distortions. Potočnik et al. 
[144] also used an FE analysis to calculate the bearing loads considering the 
manufacturing errors in a double-row four-point contact slewing bearing. 
Portugal et al. [145] established a methodology to estimate the multiaxial fatigue 
damage under random loads. It was more generalist and intended for machine 
components lacking a fatigue life calculation procedure, so it matched slewing 
bearing characteristics. Later, Menck et al. [127] compared two methods 
proposed by NREL, one of which requires less computational effort, and the 
ISO/TS 16281:2008 method for calculating the bearing loads and the lifetime of 
slewing bearings. Here a higher lifetime result for the fastest and least 
computationally intensive method was found. Meanwhile, the other two 
provided very similar results and thus, they proposed an adjustment to increase 
the accuracy of the first method. 

When it comes to analysing the contact fatigue in more detail, 
Poplawski et al. [146] started to evaluate the lifetime of different roller profiles 
using different calculation methods. Göncz and Glodež [147] used FE to assess 
the rolling contact fatigue considering an induction-hardened layer in the 
raceways. Schwack et al. [148] compared four different approaches to calculate 
the fatigue life of a blade bearing. Later, Londhe et al. [149] studied the subsurface 
stresses in the case of ball-raceway contact, also considering the raceway 
induction hardened layer in the raceways and its implications. He et al. [150,151] 
also studied the effect of the hardened raceway layer on a triple-row roller 
bearing. 

Overall, no rigorous and exact procedure currently defines the fatigue 
calculation of slewing bearings. The most similar approach was proposed by 
Houpert et al. [52], who proposed an alternative method to calculate the bearing 
life in oscillating components by implementing corrective coefficients to the 
bearing life calculation formulae from ISO 281:2007. This is also related to the 
wide variety of failure modes of these bearings due to their varying dimensions 
and operating conditions. 
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1.4.5 Lubrication and wear 

The lubrication conditions are particularly important as they are directly 
related to the efficiency of the bearing. The increasing use of wind turbines and 
the subsequent increase in the number of slewing bearings make the lubrication 
condition of the bearings a critical aspect. 

The lubrication conditions also affect different bearing failure modes, 
predominantly those related to wear. Godfrey [153] extensively reviewed the 
differences between these false brinelling and fretting corrosion failure modes, 
and Schwack et al. [44] later used his work as a reference stating that when the 
contact is lubricated, the predominant failure would be false brinelling; although, 
fretting corrosion would prevail in dry contact. The latter used finite element 
analysis (FEA) to predict wear in the experimental tests. With all this, the work 
analysed the main characteristics of these two types of wear marks.  

Other research works [154,155] do not focus as much on differentiating 
between these two types of failures and call them both "standstill marks". This 
name comes from the situation these marks appear in, as they occur in stationary 
or vibrating conditions with small-amplitude relative movements between the 
bodies in contact. It is precisely this movement that is most common between the 
raceways and rolling elements of slewing bearings, which rotate to orientate the 
objects and remain stationary supporting the loads, or making small orientation 
adjustments of just a few degrees. The research works that focus on the 
lubrication conditions under these movements are scarce [156,157], and they 
place greater emphasis on analysing the lubricant and the contact. Other research 
works [99,100] analyse the coefficient of friction but in other types of bearings. 
The slewing bearings case is equivalent to quasi-static cases due to the slow and 
small oscillatory movements they make and their lubrication conditions usually 
lie between the boundary lubrication and an incipient EHL. Instead of 
implementing these lubrication models, it is far more effective and useful in most 
cases to assume a friction coefficient that can be experimentally adjusted, which 
is a common practice when modelling this type of bearings. Examples of this are 
the works performed by Joshi et al. [124] and Heras [31], who focus on comparing 
the performance of these bearings with different greases, measuring the 
coefficient of friction or the friction torque by means of experimental tests. 
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1.4.6 Condition monitoring 

As with lubrication, condition monitoring and failure detection in slewing 
bearings during operation have become particularly important. The fact that 
their behaviour is highly conditioned by their surrounding structures and 
varying load cases depending on their application makes it essential for them to 
be monitored during operation in order to detect possible unexpected premature 
failures. 

Of works focused on condition monitoring, worthy of mention is that work 
carried out by Zupan [87] that enabled the monitoring of the rotational resistance, 
load stress distribution and microdeformations of the bearing raceways. In 
combination with the simulation of real running conditions, any damage 
occurring in the bearings or early signs of damage can be detected. Bai et al. [158] 
provided a way to evaluate the wear conditions of slewing bearings using 
ferrography and spectrometric analysis of the oil, which provide insights into the 
wear process. There are some alternate monitoring approaches that enable the 
detection of failures and make maintenance decisions based on monitoring 
vibrations, acoustics or temperatures [159–163]. 

On the other hand, friction torque related work, such as that mentioned in 
Section 1.4.2 is useful for monitoring bearing conditions. Due to the strong 
relationship between friction torque, rolling element or raceway wear, and 
lubricant, any abnormality occurring in the bearing can be detected by a change 
in the estimated value of the friction torque. Due to the difficulty of performing 
full-scale bearing tests for these types of bearings, research works involving 
experimental tests such as [84,90,127,130] become extremely important in this 
context, given the number of results they are able to obtain. 

The full-scale test rigs provide a wide range of results thanks to their large 
amount of sensors, which enable the evaluation of other failure-inducing factors, 
such as load distribution or ring deformations, in addition to the fatigue tests that 
can be performed. This information can be used to track the sensor results during 
operation and implement a predictive maintenance strategy or to serve as 
reference during the bearing design stage. 
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1.5 General overview of the research work 
The following section provides an overview of the work carried out in the 

Doctoral Thesis to meet some initial objectives established in the initial stages of 
it. Before going into the details of each chapter, the goal of this section is to 
summarise and provide an understanding of the reasoning that has led to the 
final objectives, which have undergone certain changes compared to the initial 
ones. The relevance of each chapter is clarified in this way, so linking each 
chapter requires no extra effort during reading. 

1.5.1 Initial objectives 

Considering the limitations of state-of-the-art simulation methods and 
techniques for characterizing the behaviour of four-point and eight-point contact 
slewing bearings, the following initial objectives were established for this 
research work: 

1. Improving the accuracy of state-of-the-art approaches to calculate the 
friction torque of ball slewing bearings. 

2. Validating the friction torque models through experimental testing. 

3. Developing an easy-to-use tool to assess the friction torque, so it can be 
useful for bearing customers and manufacturers: 

3.1. Obtaining an engineering formulation for the load distribution 
problem based on the external loads. 

3.2. Obtaining an engineering formulation for the friction torque 
problem based on the load distribution of the balls. 

1.5.2 Initial hypotheses 

To reach the previous objectives, the following hypotheses were initially 
considered: 

1. Rigid rings: under axial load, the bearings can be modelled with cyclic 
symmetry, where the flexibility of the rings does not significantly affect 
load distribution. Contrarily, in the case of radial and tilting moment 
loads, the deformation of the rings is known to affect load distribution. 
However, because these deformations are dependent on the flexibility of 
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the structures the rings are attached to, the hypothesis of rigid rings allows 
a general calculation method to be developed that is valid for early design 
stages while also being more precise than existing ones. 

2. Sliding ball-raceway contacts: previous results obtained by the research 
group concluded that considering stick regions to solve the friction torque 
problem has no effect on the end result. As a result, the hypothesis of a full 
sliding contact model is assumed. 

3. Constant coefficient of friction: the small oscillatory movements of slewing 
bearings and their lubrication condition, usually between the boundary 
lubrication and an incipient EHL, allow for the assumption of a friction 
coefficient that can be experimentally adjusted; something which is a 
common practice when modelling this type of bearings as it is far more 
effective, useful and easier to implement. For this, the Coulomb friction 
model is used, which is defined as a friction coefficient constant multiplied 
by the normal force. 

1.5.3 Summary of the research work 

Chapter 2 presents a friction torque calculation method, focused on first and 
second objectives. According to the research work by Joshi et al. [124], the load 
distribution problem is separated from the friction torque problem. 

First, the load distribution is computed, and then the bearing friction torque 
is calculated as the sum of the friction torque contribution of all the balls. The 
research work in this chapter attempts to fit an analytical model of friction torque 
to the experimental results obtained by Fraunhofer IWES in [127]. Since initially 
a large discrepancy between the analytical model and the experimental results is 
observed, the model is fitted during the calculation of the load distribution 
problem by simulating a scatter of the ball preload. As mentioned in the 
hypotheses, this model assumes rigid rings for this calculation step. 

The next calculation step, which consists of the friction torque calculation, 
works under the assumption of full sliding at the balls-raceway contact. By 
means of multiple calculations of the fitting parameters, the analytical model is 
able to fit the results of the friction torque to the experimental ones. However, as 
important discrepancies in the results are observed under a tilting moment, the 
decision was made to feed the model with load distribution results obtained 
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using FE. The first calculations show how the flexibility provided by the FE 
model obtains closer results to the experimental ones, so this calculation 
procedure appears to be the best one to use in future research works. 

In this regard, as a result of the work carried out during the time spent at the 
Fraunhofer IWES, the preload scatter is going to be implemented in an FE bearing 
model. This bearing model is also part of the test bench FE model that can be 
simplified using SE. The same procedure can be used to obtain more precise 
results of load distribution and, as a result, of friction torque. 

Based on the results obtained in Chapter 2, the rigid ring hypothesis is proven 
to be delimiting the capabilities of the analytical model. It was subsequently 
decided to investigate the flexibility of the bearings by means of FE, although this 
is not one of the initial objectives. In this regard, Chapter 3 focuses on analysing 
various FE modelling techniques and their effect on bearing flexibility are 
examined. 

FE modelling of slewing bearings is not new, but there is no standardised 
procedure for it. This chapter will investigate the effect of various factors 
affecting the load and contact angles of rolling elements, as well as ring 
deformations. The main goal is to model a real-dimensioned blade-bearing-hub 
assembly provided by Fraunhofer IWES, so that the simulations are as close to a 
bearing used in the wind industry as possible. With this model, it is possible to 
analyse the load distribution shape of the rolling elements when considering the 
real boundary conditions of a bearing. To assess this, the results are compared 
for different modelling strategy combinations, such as the effect of simplifying 
the bolted joints by rigid joints between solids, as well as the effect of using a 
different material blade model, such as steel. These strategies could be useful in 
the early stages of bearing design and during their testing, given the ease and 
cheapness of manufacturing and testing steel blades rather than composite ones. 
Based on this, the conclusion is reached that the boundary conditions of the 
bearings affect the load distribution results, and hence the friction torque results.  

This creates a future line of work that coincides with the one in the previous 
chapter: the need to use finite elements to evaluate the load distribution in order 
to obtain precise results, which is then incorporated into the friction torque 
calculation. On top of that, a model with real boundary conditions in the final 
stages of the wind turbine design should be used. 
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Finally, Chapter 4 presents a normalisation of the friction torque. The state-
of-the-art friction torque models depend on the coefficient of friction, three 
macrogeometric parameters, three microgeometric parameters and three 
external loads. After analysing the relationship between the external loads and 
the load distribution (contact loads and angles), it is found that the external loads 
cannot be further extracted from the analytical expression, which corresponds to 
objective 3.1. This implies modifying the path to reach objective 3.2, from 
obtaining a formulation of the friction torque problem based on the load 
distribution of the balls to obtaining a direct formulation based on the external 
loads related to the friction torque. 

Finally, the effect of the three macrogeometric parameters and the coefficient 
of friction is successfully extracted. By means of this implementation, a friction 
torque model with fewer variables is achieved, which, from a computational cost 
point of view, allows a Design of Experiments (DoE) to be performed. With the 
results of this DoE, a normalised friction torque tool is created, where the 
normalising parameters are the three microgeometric parameters and the 
external loads. Although the flexibility of the rings is not taken into account, this 
procedure allows for the friction torque to be calculated in the early design 
stages, with the same simplicity provided in the design guidelines and with more 
accuracy.  

The obtained results have identified a future line of work where a similar DoE 
can be performed by mapping all combinations of loads and contact angles in 
which a ball can be found. This would allow the linking of the load distribution 
solution by means of FE together with the friction torque contributed by each ball 
that would be found in this database. In conjunction with the above future line, 
a tool could be created that considers the flexibility of the rings together with the 
preload scatter and a fast and accurate tool to calculate the friction torque. 

Figure 1.41 schematically identifies all of the various work steps, conclusions, 
and identified future lines to provide a visual representation of the work. 
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Figure 1.41. Schematic representation of the research work and future lines. 

1.5.4 Achievements and future lines 

Some of the initial objectives were modified as a result of decisions made 
during the research process. As a result, the objectives achieved are identified 
below as a modification of the initial ones: 

1. Improving the available analytical tool for the calculation of the friction 
torque of ball slewing bearings: this objective is achieved in Chapter 2 
through the implementation of a preload scatter in the load distribution 
problem and combined with FE analysis. The findings in the preceding 
chapter create a need for further research on slewing bearing modelling 
techniques, which is covered in Chapter 3.  

2. Validating the friction torque models through experimental testing: this 
objective is achieved during the validation of the analytical friction torque 
model fitting the experimental test results, which are in Chapter 2, as a 
means to achieve objective 1. 

Load distribution with 
preload scatter

↑↑ Accuracy ↑↑ Speed

ENHANCED FRICTION TORQUE CALCULATION METHOD
2nd Chapter

Implementation of the preload scatter 
and experimental validation

ANALYSIS OF BEARING STIFFNESS 
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SIMPLE FRICTION TORQUE 
CALCULATION TOOL

4th Chapter

Study of the effects of the boundary 
conditions on the load distribution

Obtaining a normalised friction torque expression
and design of friction torque heatmaps
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3. Developing a simple tool to assess friction torque: previous objectives 3.1 
and 3.2 are replaced by an engineering formulation for the friction torque 
problem based on the external loads and bearing microgeometry, which is 
developed in Chapter 4. A normalised expression for the friction torque is 
obtained to achieve this. Moreover, a DoE is developed around this 
formulation to obtain a database that relates these parameters with their 
normalised friction torque results. The obtained data is interpolated and a 
series of heatmaps (normalised friction torque maps) are created that 
relate the friction torque with the microgeometry and the external loads. 

Finally, the future lines defined as a consequence of the results of the thesis 
are as follows: 

• Implementing the preload scatter in an SE based FE model, which enables 
load distribution to be calculated in a fast and precise way. 

• Using the FE load distribution results considering a preload scatter, to feed 
the friction torque model and fit the experimental results. 

• Obtaining friction torque maps for different ball geometries to develop a 
faster way to compute the friction torque of a bearing. 

• Developing a more precise tool for the friction torque calculation capable 
of accounting for ring flexibility and preload scatter. 

• Studying the effect of different boundary conditions, such as different 
blade sizes or materials, and obtaining an engineering formulation that 
approximates the load distribution based on them. 
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2 Effect of ball preload scatter  
on friction torque  

2.1 Introduction 
This chapter proposes an improved methodology by which to calculate the 

friction torque of slewing bearings. 

In order to calculate the friction torque in two-point angular contact bearings, 
there are approaches such as the one proposed by Houpert [97], where the 
contribution of different sources of friction are calculated separately and they are 
added together to obtain the total torque. Manufacturers also provide similar 
formulae for their conventional (not slewing) bearings [93,169]. More advanced 
approaches have also been proposed for angular contact ball bearings, like the 
recent one by Zhao et al. [170]. These formulae can be applied to four-point 
contact bearings if they only bear axial forces, since in this case, they work like 
two-point angular contact bearings. However, these are not valid for ball slewing 
bearings, either for those with one row (four-point contact bearings) or with two 
rows (eight-point contact bearings). In slewing bearings, the rolling elements are 
usually assembled with preload (negative clearance) and bear not only axial 
loads, but also bending moments and radial forces. This fact has a significant 
effect on ball kinematics and the friction torque, meaning that the approaches in 
[93,97,169] are not applicable. With this in mind, and on the basis of Jones's work 
[120] for angular contact ball bearings, Leblanc and Nelias [122,123] proposed a 
model to solve the load distribution and ball kinematics in four-point contact 
bearings subjected to any load combination, either assembled with clearances or 
preloaded. These approaches [120,122,123] assumed rigid rings and full sliding 
on the ball-raceway contacts. Once the load distribution and ball kinematics are 
known, the friction torque can be computed. Later, Joshi et al. [124] refined the 
previous approach specifically for slow speed applications, which is mostly the 
case of slewing bearings. Moreover, the approach was also validated, obtaining 
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a good correlation with the experimental results of the friction torque. Regardless 
of the capabilities of the approach, there are some convergence issues, which can 
be overcome as proposed by Heras [25]. Besides that, the friction torque of 
slewing bearings can also be calculated using the Finite Element Method (FEM) 
[12,23,24], although this involves a high computational cost. Nevertheless, this 
method allowed Heras et al. [24,25] to study the stick-slip regions in ball-raceway 
contacts. These works concluded that, even if the stick regions affect the shear 
stresses on the contacts, their effect on the friction torque is almost negligible. For 
this reason, it was concluded that the full-sliding hypothesis in [122–124] is 
acceptable when calculating the friction torque in ball slewing bearings. It is 
worth mentioning that, in [23], the effect of manufacturing errors on friction 
torque was studied using the FEM. This research work showed that, when 
friction torque is conditioned by the preload, manufacturing errors can 
significantly affect it. 

As stated before, the load distribution and ball kinematics must be known in 
order to make a reliable estimate of the friction torque. According to [124], 
assuming low speeds allows decoupling the load distribution problem and the 
solution of the kinematics. Therefore, the former can be solved independently, 
for which there are various approaches. In this regard, analytical approaches 
based on contact geometrical interferences can be used, like the one proposed by 
Aguirrebeitia et al. [8,20], where rigid rings are assumed. Other authors [12,23,74] 
considered the flexibility of the rings and the surrounding structures in their 
models. Nevertheless, given its versatility, using the FEM is the common practice 
to consider the flexibility of the system, regardless of the high computational cost 
[18,77,79,85,171–174]. In this sense, there are various techniques to make FE 
models more efficient by substituting the balls with non-linear springs that 
simulate the flexibility of the contacts. From research works which consider the 
flexibility of the system, the conclusion was drawn that it has a high impact on 
the load distribution. Regarding the manufacturing errors, it must be noted that 
these affect the friction torque insofar as the load distribution is affected by them. 
Some works simulate manufacturing errors by means of analytical approaches 
[12,23], while others used FE techniques [75,76]. 

Regarding friction torque experimental data in literature, there are many 
works that perform tests with radial, axial or angular contact bearings [96,97,175–
177]. However, there is no extensive literature on friction torque tests with ball 
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slewing bearings. Long et al. [178] studied the effect of the contact angle for a 
four-point contact bearing with clearance and under axial load, but under these 
load conditions it behaves like a regular angular contact bearing. Joshi et al. [124] 
conducted some experimental tests for an axially loaded small-sized four-point 
contact bearing, considering both preload and clearances. Yet, in the preloaded 
case, they considered loads where the balls always had four points in contact, 
thus not representing what happens when the load is increased and a transition 
happens, where the balls switch from four to two contact points. Later, 
Heras et al. [31] performed experimental tests to study this transition on a 
small-sized ball slewing bearing. Additionally, the experimental tests were 
compared with the analytical results obtained using Joshi’s approach [124]. That 
same year, Stammler et al. [90], from the Fraunhofer IWES, published research 
with normalised friction torque results obtained experimentally. Since the results 
were normalized, they could not be used for comparison purposes with data 
from other sources. The latest and more complete experimental results for ball 
slewing bearings were performed and published by Menck et al.  [127], also from 
the Fraunhofer IWES. For this research, friction torque tests were performed for 
three different sizes of ball slewing bearings (blade bearings), working under 
axial forces and bending moments. 

The main goal of this chapter is to propose an innovative methodology by 
which to predict friction torque in ball slewing bearings. In particular, this work 
focuses on the transition of the contact state of the balls from four to two contact 
points. This transition has been observed in experimental tests [31,127] and 
reproduced using FE simulations [24]. Nonetheless, using current analytical 
formulations [124], the transition occurs abruptly for axial loads [31] and is not 
consistent with experimental tests. Thus, to smooth the transition, the author 
proposes considering of a scatter in the preload of the balls when calculating the 
friction torque analytically, instead of assuming the same preload in all the balls. 
After proving the versatility of this proposal by means of a sensitivity analysis, 
the parameters of the model are tuned for a particular case, in order to fit 
experimental test results for axial load and bending moment [127]. Additionally, 
the effect of the flexibility of the rings and the surrounding structures on the 
friction torque is also studied. To conclude, different strategies are suggested to 
implement the proposed methodology in different case scenarios, in order to 
achieve the most accurate friction torque estimation model in each case. 
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2.2 Preload scatter implementation 
The implementation of a preload scatter in the friction torque model is 

explained in this section. First, the evolution of the friction torque and the ball 
kinematics are examined for the no preload scatter case and compared for some 
preliminary experimental results. This analysis is the basis for the need for a 
model that predicts friction torque considering a preload scatter. Following that, 
the impact of the new variables added to the model is analysed. 

2.2.1 Analysing the friction torque problem 

The analytical model was based on the work of Leblanc and Nelias [122,123] 
for calculating friction torque, which could be separated from the load 
distribution problem under the assumption of low velocities as proposed by 
Joshi et al. [124], as mentioned above. For the load distribution problem, the ball-
raceway interference-based model from Aguirrebeitia’s work [8,20] was used. 

When considering a bearing with no manufacturing errors and rigid rings, all 
of the preloaded balls are subject to the same stress under the axial loading of the 
bearing. The preload is the only parameter that affects the loading in the 
unloaded case, implying that it affects the initial friction torque. The effect of this 
was analysed by varying the preload values while keeping all the other 
parameters the same. Figure 2.1 shows the different friction torque values 
obtained for the unloaded case (0 kN of axial force) by simply varying the 
preload. These results are a sample of some analyses obtained using the same 
bearing as in [31], which were obtained in the subsequent studies described 
below. 

 
Figure 2.1. Analysis of the effect of different preload values in the original analytical 

model. 
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The preload value of the analytical model was varied for an unloaded bearing 
case (0 kN) to fit the experimental results obtained in [31]. Then, the analysis for 
the whole range of the axial load was computed. Figure 2.2 shows the results of 
the evolution of the friction torque under axial load for both experimental and 
analytical results. 

 
Figure 2.2. Comparison of the analytical model and experimental friction torque 

results [31] adjusted for the unloaded bearing case. 

Figure 2.2 shows that the analytical results do not adequately correspond to 
the experiments in [31]. The behaviour of the analytical model can be separated 
into three stages for a better understanding: 

• For the first range from 0 kN to 5.6 kN, friction torque increases. The loads 
are distributed among all the balls uniformly and these are on four contact 
points with the raceways. In this situation, with the increase of the axial 
load, the load at two of the four contact points (one diagonal) increases, 
while it decreases at the other two points (second diagonal). 

• After a certain axial load, depending on the bearing, the load difference 
between the two contact diagonals is high enough that the ball kinematics 
change and the friction torque decreases drastically. This can be seen in 
the range from 5.6 kN to 8 kN for this bearing in Figure 2.2. 

• Once the contact status of the balls changes from four points to two points, 
which means that the contact on one of the diagonals is lost, the axial load 
increase leads to a friction torque increase. This is shown in Figure 2.2 
starting at 8 kN axial load. 

In practice, all the balls never have exactly the same ball-raceway contact force 
in an idling state; in other words, the actual ball preload is not the same on all the 

0

5

10

15

20

0 10 20 30 40 50 60 70 80 90 100

Fr
ic

tio
n 

To
rq

ue
 [N

m
]

Axial Force [kN]
Experimental Data Analytical aproximation



62  Iñigo Escanciano 
 

 

balls after the bearing is assembled and before applying any load. Therefore, this 
initial increase in friction torque followed by an abrupt drop does not occur in 
practice, as the experimental test results show in Figure 2.2. For a better 
understanding of this phenomenon, the changes in the kinematics of a ball for an 
increasing axial load were analysed. 

Figure 2.3a shows the displacements of a four-point contact slewing bearing 
ball under an axial load and the aforementioned three stages or zones the ball 
goes through. Figure 2.3b shows the evolution of the friction torque of a 
preloaded ball together with the variation of the angle of the rotation axis of the 
ball (𝛽𝛽). This figure corresponds to a more detailed analysis of the friction torque 
in Figure 2.2 with more load steps from 0 kN to 20 kN axial force. However, in 
this case, only the contribution of one ball to the friction torque was analysed. 
Together with the explanations below, this figure contributes to better 
understanding the phenomenon. 

 
Figure 2.3. Three-phase schema (a) and friction torque evolution and ball rotation 

angle 𝛽𝛽 change (b) of a four-point contact slewing bearing ball under axial load. 
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Three zones were established based on the evolution of the contribution of 
one ball to the total friction torque of a bearing subjected to an axial load (see 
Figure 2.3b). These zones were established according to the contact status of the 
balls and are easily identifiable. 

In the first zone, referred to as the four-point contact zone, the axis of rotation 
of the ball is parallel to the axis of rotation of the bearing, so both rolling and 
spinning occur on ball-raceway contacts. This can be seen in Figure 2.3b, where 
the axis of rotation of the ball is depicted. In the idling state, the ball has four 
equally loaded contact points due to the preload, which corresponds to the point 
with 0 kN axial load. 

When the axial load increases, not only does the load at two of the contact 
points increase as stated before but also affects the ball-raceway contact angle. 
This fact causes the angle of rotation of the ball 𝛽𝛽 to change slightly in this first 
zone, as shown in Figure 2.3b. The increase of the normal contact forces at these 
two points involves higher frictional forces, thus increasing the friction torque. 
At the same time, the load at the other two contact points decreases, together 
with the rolling component at these points, and increases the spinning 
component, which also affects the friction torque increase. The overall friction 
torque increase can be seen in Figure 2.3b from 0 kN to 5.6 kN axial load. 

In the second zone, called the transition zone, two of the contacts have already 
lost a large portion of their load. This makes the two most loaded contact points 
switch to a rolling state without almost any spinning so that the axis of rotation 
of the ball is almost perpendicular to the most loaded contact diagonal. This 
change in the kinematics causes a drop in the ball’s contribution to the friction 
torque of the bearing (see Figure 2.3b from 5.6 kN to 8 kN). 

Finally, in the area referred to as the two-point contact zone, the previously less 
loaded contacts become completely unloaded, leaving the other two to support 
the entire applied load. In this area, the ball’s contribution to the bearing friction 
torque increases with the axial load as shown in Figure 2.3b from 8 kN and 
onwards. 

After analysing the kinematics of one ball, it is possible to justify the friction 
torque drop in the analytical approximation for the entire bearing (solid line in 
Figure 2.2). If all of the balls in the bearing are subjected to the same conditions, 
they will all experience the same behaviour shown in Figure 2.3b. As a result, the 
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drop that occurs for one ball is replicated in all of the balls and the bearing 
behaves in the same way. 

Contrarily, the experimental results (see experimental results in Figure 2.2) 
show a smooth evolution of the friction torque with the applied axial load. This 
can be explained under the hypothesis that, instead of all balls changing 
kinematics at the same time, a gradual transition from four to two points of 
contact is assumed. This gradual transition can be caused because, in practice, 
the actual preload is not the same for all balls. Figure 2.1 presented above shows 
how different ball preloads cause the transition to occur at different points, 
according to the analytical approach. Therefore, having different preloads on 
each ball will cause the transition of each one to occur at a different axial load, 
thus smoothening the drop observed in the bearing’s friction torque. 

Menck et al. [127] published the most recent and precise experimental results 
for ball slewing bearings, also from Fraunhofer IWES, which were provided for 
this work to be analysed in the same manner. The main difference between these 
bearings and previous ones is their larger diameter, which is closer to the 
dimensions of the bearings commonly used in wind turbines. 

 
Figure 2.4. Comparison of the analytical model and experimental friction torque 

results [127] adjusted for the unloaded bearing case. 

After adjusting the analytical model to the above-mentioned experimental 
results for the unloaded bearing case (see Figure 2.4), the same behaviour was 
observed: a sudden drop of the friction torque after exceeding an axial load value 
(80 kN). Afterwards, the friction torque kept increasing with the axial load (from 
100 kN onwards). In addition, for these results, a difference in the friction torque 
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in the two-point contact zone (from 200 kN to 500 kN in Figure 2.4) was identified. 
This could be due to the effect of different elements, such as the seals or the cage, 
acting as a constant source of friction torque. 

In short, the difference in the actual preload of the balls can justify the 
discrepancy between the analytical and experimental results. Therefore, this was 
adopted as the main hypothesis the method presented in this study was based 
on. In this regard, two main factors may account for the difference in the actual 
preload of the balls: the manufacturing errors of the raceways and the assembly 
process of the bearing to the surrounding structures. 

On the one hand, manufacturing errors of the raceways alter the expected 
preload of the balls, causing some of them to be more or less loaded (or even have 
clearances). Meanwhile, the manufacturing errors of the balls are almost 
negligible, as they are measured and classified accordingly. 

On the other hand, due to the flexibility of the rings, the preload level of the 
balls may vary as a result of the bolt-tightening process [171], when the bearing 
is assembled to the surrounding structures. Besides this, the load distribution can 
be affected by the lack of axisymmetry of those structures. In the case of a bearing 
under an axial load attached to a non-axisymmetric structure, each sector of the 
bearing will deform differently, resulting in a non-uniform load distribution. 

2.2.2 Proposed approach 

Considering the facts presented above, which explained the insufficient 
accuracy of the analytical approach, it is proposed to include scattering of the 
preload in the model by means of a statistical distribution in order to overcome 
the limitations of the analytical model. The details regarding the proposed 
analytical approach and the implementation of the preload scatter are given in 
this section. 

As introduced in Section 2.1, calculating friction torque for ball slewing 
bearings involves solving two problems. The first problem involves estimating 
the distribution of the contact loads and angles on each ball-raceway contact 
(load distribution problem). The second problem involves calculating the friction 
torque as the sum of the friction torque contribution of each ball under the 
previously calculated load state (friction torque problem). 
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The model used for the load distribution problem only considers local 
deformations on the contact areas and does not account for the global 
deformations of the rings; i.e. rigid rings are assumed. Since the stiffness of the 
bearing rings and the adjacent elements differs from one application to another, 
this assumption was adopted not only for simplicity but also for the generality of 
the approach. Thus, the contact interference model in [20] was used, which 
accounts for the contact angle variation and the ball preload. 

The preload used for this analysis must consider the final load state of the 
balls after the bearing assembly process. The term preload refers to the intended 
interference between the balls and the raceways caused by an assembly of an 
oversized ball. To distinguish this theoretical ball preload term from the preload 
value used in this work, the latter will be referred to as "effective preload" from 
now on. Thus, this “effective preload” accounts for manufacturing errors and 
ring deformations during the assembly process, in concordance with [31]. 

For the implementation of the preload scatter, the model was provided with 
the capability of defining the effective preload of each ball independently. A 
normal distribution was chosen as the method by which to implement the 
different values of the preload. This normal distribution was defined by two 
parameters, the mean value (m) and the standard deviation (SD) of the effective 
preload. 

In addition, the statistical distribution requires an input of random numbers 
to generate the standard deviation. This was accomplished by using the 
MATLAB (version 2019a) software functions rng, which stands for Random 
Number Generation (RNG), and randn. The first function “seeds” the random 
number generation function, randn, so it produces a predictable sequence of 
numbers. Because this method relies on an initial number to generate a series of 
numbers, it is also known as PseudoRandom Number Generator (PRNG). The 
second function generates the normally distributed random numbers depending 
on the given seed number (𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠 𝑛𝑛𝑛𝑛.). The decision was made to keep the seed no. 
constant for traceability purposes. 

For this stage, the inputs needed to solve the load distribution problem 
consisted of the geometrical parameters, the statistical parameters that define the 
effective preload (𝑚𝑚 , 𝑆𝑆𝑆𝑆  and 𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠 𝑛𝑛𝑛𝑛. ) and the applied external loads. The 
geometrical parameters involve the ball diameter ( 𝑆𝑆𝑝𝑝 ), the bearing mean 
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diameter (𝑆𝑆𝑝𝑝𝑝𝑝), the osculation ratio of the contact (𝑠𝑠), the initial contact angle (𝛼𝛼0), 
the number of balls per row (𝑍𝑍) and the number of rows (𝑛𝑛). The outputs of the 
load distribution problem are the contact loads (𝑄𝑄) and contact angles (𝛼𝛼) for each 
ball-raceway contact point. 

On the other hand, the friction torque problem depends on the 
aforementioned outputs from the load distribution model, with the exception of 
some geometrical parameters. The model used for this purpose in this work was 
based on the approach presented by Joshi et al. [124]. Once the problem is solved, 
the kinematics are known and the shear stresses in each contact can be computed, 
which allows for the calculation of friction forces and the contribution of each 
ball to the friction torque independently. The model used in the current work 
also implemented the strategies proposed by Heras [25] to solve the convergence 
problems of the latter work. In addition, according to Heras’ work, and as a part 
of the hypotheses accepted for this research, full sliding was considered in the 
current model, since considering regions in adhesion gives almost identical 
results regarding friction torque and has a higher computational cost. 

The model also included an independent constant parameter (𝐶𝐶) that was 
directly added to the friction torque result. This constant allows for friction 
torque curve adjustment when the shape of the analytical results fits the 
experimental data, but there is an offset, as shown in Figure 2.4, to which the 
effect of the seals or any separating element on the friction torque is attributed.  

The experimental results obtained in [31] used a bearing with none of those 
elements. By adjusting the friction torque with the new analytical tool by varying 
the preload, it is possible to evaluate the effect of these elements. If the analytical 
results fit the experimental data in the two-point contact zone, the constant 
contribution of these components could be verified. 

The experimental measurements in [31] were carried out with two different 
axial force sensors, which implies a discrepancy in the evolution of the friction 
torque, as shown in Figure 2.5 (from 56 kN to 70 kN). 
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Figure 2.5. Experimental results of an axial test rig for a smaller size slewing bearing 

with no seals or separating elements [31]. 

Therefore, in order to adjust the analytical model to the experimental results, 
only those obtained with the same axial force sensor, in this case, Sensor-2, were 
used. However, these result points are enough to evaluate both the two-point and 
four-point contact zones. Nonetheless, when the results are shown, all the 
experimental results will be maintained in order to qualitatively observe the 
shape of the friction torque evolution. 

Figure 2.6 shows the analytical approximation to the friction torque results, 
based on the Leblanc and Nelias model [122,123]. The analytical model was 
adjusted to match the friction torque of the experimental results for the unloaded 
case (𝐹𝐹𝑎𝑎 = 0 kN). 

 
Figure 2.6. Analytical approximation to experimental results of a slewing bearing with 

no seals or separating elements. 

First conclusions could be established based on the obtained fitting of the 
analytical model to the experimental results, with a focus on the two-point contact 
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zone (see Figure 2.6, 𝐹𝐹𝑎𝑎 > 45 kN). It can be appreciated that as the axial force on 
the bearing increases, the analytical tool is capable of adjusting the friction torque 
in this zone. 

On the one hand, this confirms that friction torque in the two-point contact zone 
is hardly affected by a preload scatter under compressive axial load. It must be 
noted that the bearing tested has a smaller mean diameter compared to the ones 
tested in [127], so the stiffness of the bearing races is higher. 

On the other hand, it is found that without the constant 𝐶𝐶  parameter, the 
analytical approximation yields results in the order of magnitude of the 
experimental results in the two-point contact zone. This confirms the hypothesis 
that there is no need for such a parameter if there are no seals or separating 
elements; or in other words, the effect of these components is captured correctly 
in the 𝐶𝐶 parameter. 

Therefore, to solve the friction torque problem, the input parameters required 
mainly consist of the contact loads and contact angles for each ball-raceway 
contact point (which are the outputs after solving the load distribution problem), 
the coefficient of friction (𝜇𝜇) and also some geometrical data (𝑆𝑆𝑝𝑝, 𝑆𝑆𝑝𝑝𝑝𝑝, 𝑠𝑠), with 
the friction torque (𝑇𝑇) being the output of this stage. Figure 2.7 summarises the 
calculation stages and their inputs to obtain the bearing friction torque for the 
analytical model. The figure shows a flowchart for the calculation stages of the 
analytical model with their respective inputs and outputs to obtain the friction 
torque. 

 
Figure 2.7. Calculation stages of the analytical model 
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2.2.3 Case study 

As explained in Section 2.2.2, the analytical model was tuned to fit already 
existing experimental data from [127] in order to check the capabilities of the 
proposed approach to reproduce the real evolution of the friction torque, 
especially in the transition zone. Because of this, the bearing used to study the 
effect of the tuning parameters (Section 2.2.4) was the same as the one later used 
to fit the experimental results (Section 2.3). 

The bearing geometry details were provided by Fraunhofer IWES and are the 
ones reported in [127] for the BEAT1.1 test rig, summarized in Table 2.1. 

Table 2.1. Nominal dimensions of the measured bearing. 

Bearing mean 
diameter (𝐃𝐃𝐩𝐩𝐩𝐩) 

Ball 
diameter 

(𝐃𝐃𝐩𝐩) 

Osculation 
ratio (𝐬𝐬) 

Initial 
contact 

angle (𝛂𝛂𝟎𝟎) 

Number of 
balls (𝒁𝒁) 

Number 
of rows 

(𝒊𝒊) 

673 mm 25.4 mm 0.94 45° 69 2 

The tuning parameters that were used to fit the analytical model to the 
experimental results were chosen based on known data (macrogeometry, 
microgeometry) for this case study, and are listed below: 

• The statistical distribution parameters that define the effective preload (𝑚𝑚 
and 𝑆𝑆𝑆𝑆): manufacturing errors are unknown and the effect of the assembly 
process on the effective preload cannot be calculated directly. 

• The coefficient of friction (𝜇𝜇): reference values are known from literature 
[124,127,177], but it is unknown for each specific case. The considered 
values when tuning the model must be close to the ones in the references. 

• The independent constant (𝐶𝐶): the effect of the phenomena related to this 
parameter (seals, cage, etc.) cannot be estimated directly. 

Therefore, according to the established tuning parameters, the friction torque 
can be defined as follows, based on the analytical approach described in this 
section: 

 𝑇𝑇 = 𝑓𝑓(𝑚𝑚, 𝑆𝑆𝑆𝑆, 𝜇𝜇) + 𝐶𝐶  (2.1) 
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2.2.4 Study of the parameters 

The effect of the chosen tuning parameters on the friction torque is studied in 
this section. First, the effect of 𝑚𝑚 and 𝑆𝑆𝑆𝑆 is shown, which are the parameters that 
define the statistical distribution of the preload. Figure 2.8 shows the effect of the 
SD parameter, which is a direct comparison sample of the effect of the preload 
scatter with the non-modified analytical model (see Figure 2.8 line 𝑚𝑚 = 7.5 𝑆𝑆𝑆𝑆 = 0 
𝜇𝜇 = 0.1, all preload values in 𝜇𝜇𝑚𝑚).  

 
Figure 2.8. Effect on the friction torque of the standard deviation of the effective 

preload for a constant mean preload 𝑚𝑚 = 7.5µm. 

First, as the standard deviation increases, the idling friction torque becomes 
higher. This result is the expected one, as there are more balls with a higher 
preload.  

Following that, focusing on the transition zone (50 kN – 100 kN), the case where 
there is no deviation of the effective preload (𝑆𝑆𝑆𝑆 = 0 µm) shows a sharp decrease 
in the friction torque. The plot shows how this sharp variation is smoothened by 
introducing a deviation into the effective preload distribution. 

Finally, due to the smoothened behaviour achieved for the transition zone, the 
two-point contact zone starts at higher axial loads. Within the case with zero 
standard deviation, this occurs for an axial force of 100 kN; for higher values of 
the standard deviation (𝑆𝑆𝑆𝑆  from 2.5 µm to 7.5 µm), the two-point contact zone 
starts for axial forces in the range of 150 kN to 300 kN, for the considered cases. 
However, once the two-point contact zone is reached in all cases, the friction torque 
does not vary significantly with the standard deviation. 
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If the effect of 𝑚𝑚  is analysed, as shown in Figure 2.9, a similar effect is 
observed. Hence, the higher 𝑚𝑚 is, the higher the idling friction torque becomes. 
In addition, the friction torque requires a higher axial load to reach the two-point 
contact zone. Finally, as was the case with 𝑆𝑆𝑆𝑆, 𝑚𝑚 does not affect the friction torque 
once the two-point contact zone is reached. 

 

Figure 2.9. Effect on the friction torque of the mean of the effective preload for a 
constant standard deviation of the preload 𝑆𝑆𝑆𝑆 = 7.5 µm. 

The effect of different seeds on the statistical distribution of the effective 
preload is analysed below. Even though the 𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠 𝑛𝑛𝑛𝑛.  is not considered as a 
tuning parameter, as it will be kept constant, it affects the effective preload 
scatter. This is because it affects where the most and least preloaded balls are 
placed. This can be understood by analysing the bearing load distribution under 
axial force and tilting moment. 

When a bearing is subjected to a pure axial load, the azimuthal position of the 
balls does not affect the load each ball has to bear, regardless of its preload. 
Therefore, the seed no. does not affect the friction torque in this load condition. 
However, this is not so for load cases involving a radial force or a tilting moment, 
as these external loads do not result in an evenly distributed load on the balls. 
With this in mind, the effect of the seed no. is only analysed for tilting moment 
cases, as shown in Figure 2.10.  

0

50

100

150

200

250

300

350

400

0 50 100 150 200 250 300 350 400 450 500 550

Fr
ic

tio
n 

To
rq

ue
 [N

m
]

Axial Force [kN]

m=0 SD=7.5 µ=0.1

m=2.5 SD=7.5 µ=0.1

m=5 SD=7.5 µ=0.1

m=7.5 SD=7.5 µ=0.1



Chapter 2. Effect of ball preload scatter on friction torque  73 
 

 

 
Figure 2.10. Analysis of the 𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠 𝑛𝑛𝑛𝑛. selection for random number generation of the 

friction torque tool. 

The result of varying the 𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠 𝑛𝑛𝑛𝑛. causes a minor change in the absolute value 
of the friction torque, with almost no variation in the shape of the curve. 
However, there could be a greater effect for a different 𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠 𝑛𝑛𝑛𝑛. than the one 
shown in this example for a different geometry or load combination. Considering 
the case of a bearing with a greater mean diameter and low tilting moments for 
its size, the number of balls next to the axis of the tilting moment will be greater. 
With this in mind, these balls will be subjected to a small fraction of the applied 
load and will remain in the four-point status. Therefore, if these balls are highly 
preloaded, their contribution to the friction torque will be also high and the 
friction torque curve will be more uniform. 

Therefore, after analysing the effect of the statistical distribution parameters, 
it can be said that the preload scatter implies noticeable changes in the evolution 
of the friction torque of a ball slewing bearing. Moreover, the effect smooths the 
four-point to two-point contact transition, in line with what is found in the 
available experimental results. Therefore, it is fair to expect a better correlation 
between the analytical model calculations and the experimental data by 
considering this preload scatter. 

When it comes to analysing the effect of the coefficient of friction (𝜇𝜇), Figure 
2.11 shows the effect of varying it on the friction torque. As expected, the 
coefficient of friction affects the friction torque in a proportional manner. 
Accordingly, the axial force required to reach the two-point contact zone remains 
the same as the coefficient of friction changes (150 kN for 𝑚𝑚 = 5 µm, 60 kN for 
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𝑚𝑚 = 0 µm, see Figure 2.11). Furthermore, it is seen how the two-point contact zone 
remains unaltered for different values of 𝑚𝑚 with the same coefficient of friction.  

 

Figure 2.11. Effect of the coefficient of friction 𝜇𝜇 on the friction torque analysis. 

Lastly, constant parameter 𝐶𝐶  introduces an offset to the friction torque, as 
shown in Figure 2.12. 

 

Figure 2.12. Effect of the constant 𝐶𝐶 parameter on the friction torque analysis. 

From these analyses, it is concluded that, of the studied parameters, only two 
of them affect the friction torque on the two-point contact zone: 𝜇𝜇 and 𝐶𝐶. The first 
one affects the slope of the curve in this region, while the second one only 
introduces an offset to the curve. On the other hand, 𝑚𝑚 and 𝑆𝑆𝑆𝑆 have been proven 
to greatly affect the four-point contact zone and the transition zone, smoothening the 
drop of the original approach by [124]. Therefore, introducing the ball preload 
scatter allows the analytical model to obtain a better fit of the experimental 
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results, which is the goal of this research and which is described Section 2.3 
below. 

2.3 Correlation with experimental results 
From the results of the previous section, a procedure is presented to tune the 

analytical model in order to fit the experimental data obtained by 
Menck et al. [127]. This section explains the procedure and its results, which 
some guidelines for calculating the friction torque under different case scenarios 
are based on and presented in Section 2.5. 

2.3.1 Experimental setup 

The experimental friction torque results used for the model correlation in this 
work were obtained using the Fraunhofer IWES test rig BEAT1.1 (Bearing 
Endurance and Acceptance Test rig) shown in Figure 2.13. 

 
Figure 2.13. BEAT 1.1 test rig with a tested bearing sample. (©Fraunhofer IWES/Ulrich 

Perrey) 

The test rig consists of six hydraulic actuators in a hexapod configuration, 
connected to a load platform located at the top. This configuration permits a 
complex load application with six degrees of freedom for any bearing. The test 
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rig can be separated into three sections: the outer structure, the bearings and the 
connecting element. 

The outer structure consists of two rigid bodies, the top plate and the lower 
plate or the base, which are connected via the hydraulic actuators as explained 
above. The actuators impose a relative displacement between the plates, which 
is subsequently translated into an applied load. Two eight-point contact ball 
bearings (i.e. two double row four-point contact bearings) with the properties in 
Table 2.1 are connected to each of the plates, in this case, by means of the bolted 
connections of the outer rings. Lastly, the connecting element is attached to the 
inner ring of each bearing, connecting the bearings and serving as the elements 
from which the applied loads will be transmitted to the bearings.  

A geared ring is connected between this element and the inner ring of the 
lower bearing, which makes contact with a gearbox so that the inner part of the 
test rig can rotate. This allows the bearings to rotate while the loads are being 
applied. An electric pitch drive introduces the pitch movements via the gear 
connection. The friction torque is measured for both bearings together by a 
calibrated torque meter located between the gearbox and the electrical drive. Due 
to this position for the measurement, the gearbox torque needs to be subtracted, 
which is done by means of an empirical function developed by IWES [127]. Later, 
after obtaining the experimental results, a torque meter was installed directly to 
the gear ring of the test rig and the previous empirical function was completely 
validated. 

The friction torque results used for the following model approximation 
procedure were obtained with pure axial force and pure tilting moment tests. The 
measurements were made for 30 different load levels in the ranges of -200 kN 
(tension) to +500 kN (compression) for the axial load, and -125 kNm to +125 kNm 
for the tilting moment. Due to the limited capacity from the bolted connection of 
the bearing, the maximum tension force is lower than the compressive force for 
the axial load tests. 

2.3.2 Model tuning procedure 

Several analyses were performed considering different combinations of the 
tuning parameters to achieve a good correlation with the available experimental 
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data [127]. The procedure in this section was repeated for every experimental 
data set, the results of which are analysed in Section 2.3.3. 

It must be noted that because the bearings were tested in pairs in [127], the 
measured friction torque was divided by two when the plots were presented. 
Conversely, in the current work, the total friction torque corresponding to both 
bearings is represented when studying the results, so the experimental results 
shown below are the same as the previous work multiplied by two. Moreover, 
the names of the experimental results used in this thesis were renamed according 
to Table 2.2 to keep a clearer schema of the results. 

Table 2.2. Experimental dataset names corresponding to the bearing pairs used for 
the experimental tests. 

Bearing pair in [127] New experimental dataset name 

143 and 144 Experimental data 1 

172 and 173 Experimental data 2 

162 and 163 Experimental data 3 

174 and 175 Experimental data 4 

Although all bearing pairs have the same geometric parameters, their friction 
torque varies. Since the bearings are manufactured to meet the requirements of a 
maximum unloaded friction torque, the manufacturer is obliged to vary the 
preload by changing the ball size to adjust the unloaded friction torque, due to 
the variations introduced by the manufacturing and ring flexibility after the 
assembly process. Accordingly, the bearing idling friction torque is less than a 
certain value (requested from Fraunhofer IWES). As a result, even though the 
bearing pairs are identical and the preload is very similar between them, 
manufacturing errors can cause the effective preload to vary more than expected, 
leading to the friction torque variations seen in the experimental results [127]. 

The analytical model adjustment procedure consisted of searching for a set of 
values of the tuning parameters that are best fitted to the experimental data. First, 
this was done for the axial load case, since the different contact state zones (see 
Figure 2.3b) can be identified more clearly under these working conditions. As 
explained above, when a pure axial force is applied, the load is distributed almost 
evenly among the balls, excluding the variation introduced due to the preload 
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scatter. In this case, there is an axial force value from which the two-point contact 
zone is reached for every ball. Therefore, the best-fit values of the tuning 
parameters with the axial experimental results were established in the first place. 
The obtained tuning parameter values were then used to check the correlation 
with the tilting moment case. 

First of all, from the study of the coefficient of friction, it was concluded that 
it is the only parameter that affects the slope of the friction torque curve in the 
two-point contact zone (see Figure 2.11). Accordingly, it was selected as the first 
parameter to be tuned for simplicity. In order to isolate the two-point contact zone 
points from the rest of the experimental data points, the slope of the friction 
torque curve was analysed. When the friction torque starts to increase steadily, it 
can be assumed that the bearing is in the two-point contact zone. Figure 2.14 shows 
a visual representation of the selection procedure for the coefficient of friction 𝜇𝜇. 
The adjustment procedure of this parameter focused on the slope of the curve in 
this zone. Given that with the variation of this parameter the slope in this zone 
changes, the best-fit coefficient of friction for the slope of the experimental results 
was therefore selected, using the Root Mean Square Error (RMSE). 

 
Figure 2.14. Example schema of the selection procedure for the coefficient of friction. 

Subsequently, multiple analyses were performed varying 𝑚𝑚  and 𝑆𝑆𝑆𝑆 . 
Different friction torque curves were obtained with these analyses. For each 
curve, 𝐶𝐶 was adjusted to minimise the RMSE in the two-point contact zone (see 
Figure 2.15).  
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Figure 2.15. Example of a curve adjusted by the 𝐶𝐶 parameter and the visual 

representation of the absolute error of each point. 

Finally, the curves with the lowest mean relative error (which will be 
presented as a heatmap) for all the axial force values with respect to the 
experimental results were chosen, as were the tuning parameter value 
combinations associated with them. 

2.3.3 Obtained results 

The results in this section are analysed in detail for the Experimental Data 1 
dataset, which is also separated into two sub-sections: axial load case and tilting 
moment case. The results are then analysed for the rest of the cases. 

Following the described procedure, the slope of the compression side of 
Experimental Data 1 is analysed. This way the two-point contact zone is defined (see 
Figure 2.16 from 315 kN to 500 kN).  

Then, an arbitrary value of the preload is considered to solve the friction 
torque problem for different coefficient of friction values. Figure 2.16 shows the 
calculated cases with a constant value given to visually match the experimental 
data. A coefficient of friction of 0.085 was found to best fit Experimental Data 1 
results, with an RMSE value of 0.991. A detailed view of the two-point contact zone 
and RMSE results can be seen in Figure 2.17. 
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Figure 2.16. Experimental Data 1 slope and different coefficient of friction results. 

 
Figure 2.17. Experimental Data 1 coefficient of friction results detail and RMSE values. 

Given the lack of experimental results on the tension zone, the decision was 
made to adjust the results for the compression side, considering the procedure 
requirements for some data to evaluate the two-point contact zone first. 

Afterwards, multiple combinations of 𝑚𝑚 and 𝑆𝑆𝑆𝑆  are evaluated with this 𝜇𝜇 , 
adjusting each calculated curve with 𝐶𝐶  to minimise the RMSE, matching the 
two-point contact zone with the least possible error (see Figure 2.18). Because the 
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analytical model considers rigid rings, the friction results obtained for the 
compression side will be identical for the tension side.  

 
Figure 2.18. Computed combinations of 𝑚𝑚 and 𝑆𝑆𝑆𝑆 to fit Experimental Data 1. 

From this point, all the relative errors for each combination of 𝑚𝑚 and 𝑆𝑆𝑆𝑆 are 
computed to find the preload values with the least relative error with respect to 
the experimental results. The computed relative errors are expressed as a 
heatmap in Figure 2.19, which shows that the greater 𝑚𝑚 is, the lower the value of 
𝑆𝑆𝑆𝑆 that yields a lower error. In Section 2.2.4 above, it was seen how the effect of 
both parameters, 𝑚𝑚 and 𝑆𝑆𝑆𝑆, was very similar. In this sense, the results in Figure 
2.19 are coherent with this, as the cases with the lowest errors are arranged in a 
band. Therefore, there is no single combination of these 𝑚𝑚 and 𝑆𝑆𝑆𝑆 values that 
best fits the experimental results but rather a set of them. 
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Figure 2.19. Heatmap of mean relative errors for all the computed combinations of 𝑚𝑚 

and 𝑆𝑆𝑆𝑆 for Experimental Data 1. 

Figure 2.20 shows the extracted friction torque curves corresponding to the 
computed combinations of 𝑚𝑚  and 𝑆𝑆𝑆𝑆  (from Figure 2.18) that yielded a mean 
relative error lower than 5%, according to Figure 2.19. Both compression and 
tension load cases are represented in this figure, corresponding to negative and 
positive values of the axial load, respectively.  

 
Figure 2.20. Analytical results selection adjusted to Experimental Data 1 results under 

axial load. 
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On the compression side, analytical results show a good match with the 
experimental data. The analytical results match the experimental data for all the 
cases once all the balls are in the two-point contact zone (see Figure 2.20, 
approximately from -275 kN to -500 kN). This validates the fact that the effect of 
the preload is negligible, which was seen in Section 2.2.4.  

With regards to tension side, analytical results are symmetrical because, as 
stated above, under the rigid rings assumption, the load distribution is the same, 
thus leading to the same friction torque. The results also indicate a good 
correlation for tension side, except for one experimental data point. The lack of 
experimental results for higher tension loads prevents any further conclusions 
being drawn in this regard. 

Figure 2.20 also includes the results according to the formula proposed by the 
NREL in their design guideline [49]. It can be seen how, in line with the guideline, 
the estimated friction torque is overestimated for high axial loads. Nonetheless, 
for light loads (see Figure 2.20, approximately from 0 kN to ±200 kN), this 
formula greatly underestimates the friction torque. In this regard, the proposed 
method is proven to be far more accurate than the NREL formula. Moreover, the 
results for the previous analytical model are included in Figure 2.20, where an 
improvement in the accuracy of the friction torque estimation for low loads, 
which includes the four-point contact zone and the transition zone, can be seen. 

Once the values for the parameters 𝜇𝜇, 𝑚𝑚, 𝑆𝑆𝑆𝑆 and 𝐶𝐶 that give the lowest mean 
relative error for the axial load case are obtained, they are used to perform 
calculations for tilting moment. The results of these are shown in Figure 2.21. 
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Figure 2.21. Analytical results selection adjusted to Experimental Data 1 results under 

tilting moment. 

The sign of the tilting moment defines the direction of the applied load. As 
was the case for axial load, due to the rigid ring assumption, the analytical 
approach yields the same results for both positive and negative tilting moments. 
This symmetry is not found in the experimental results, which can be explained 
by the ring deformation behaviour of the test bearings. If the flexibility of the 
rings and the structures of the test bench affect the load distribution, it will also 
affect the friction torque, which would explain not only the lack of symmetry of 
the test results, but also the poor correlation between the analytical approach and 
the experimental results. Therefore, even if the current approach is far more 
accurate than the formula from the NREL [49], it cannot be considered a 
satisfactory match. This fact leads to the following section (Section 2.4), which 
considers the effect of the flexibility of the rings and the structures. 

However, before analysing the effect of the flexibility, the other experimental 
cases are presented and briefly analysed below. First, the Experimental Data 2 test 
results are shown in Figure 2.22. The results show the same behaviour of the 
friction torque as for Experimental Data 1, where the analytical results offer a 
perfect fit with the experimental results on the compression side. However, with 
regards to the tension sides there is a considerable discrepancy with the 
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experimental results. In fact, the experimental friction torque results show a lack 
of symmetry, which can be justified because the rings deform more under tension 
than under compression, which the analytical model does not consider. It should 
also be noted that 𝑚𝑚 has a positive value in this case, while in the previous case, 
it was negative. 

 
Figure 2.22. Analytical results selection adjusted to Experimental Data 2 results under 

axial load. 

Meanwhile, in this particular case, there is a big discrepancy between the 
compression and tension side of the experimental results. Manufacturing errors 
should have no effect on generating these differences in the case of an axially 
loaded bearing because the experimental test requires the bearing to turn, 
varying the manufacturing errors each ball-raceway is subjected to. However, 
this can be understood if the effect of the flexibility of the rings is considered, as 
these bearings are more flexible under tension than compression. 
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Figure 2.23. Analytical results selection adjusted to Experimental Data 2 results under 

tilting moment. 

The results for Experimental Data 2 for a tilting moment are shown in Figure 
2.23. Again, the 𝑚𝑚 and 𝑆𝑆𝑆𝑆 combinations obtained prove to be a good fit for light 
loads (see Figure 2.23, approximately from 0 kNm to ±50 kNm), whilst the NREL 
formula greatly underestimates the friction torque. 

Continuing with Experimental Data 3 results, these are shown in Figure 2.24. 
The experimental results are very similar to the Experimental Data 1 results, which 
are almost symmetric comparing the tension and compression sides. Two tests 
were performed with this pair of bearings, which distinguishes these results from 
previous ones. The results labelled Exp. Data 3 dis- and reassembled in Figure 2.24 
correspond to the same pair of bearings tested after the bearings were 
disassembled and reassembled. However, the latter results are not symmetric, 
which may imply that the assembly process greatly affects the friction torque and 
therefore is a process that should be controlled. 
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Figure 2.24. Analytical results selection adjusted to Experimental Data 3 results under 

axial load. 

The analytical results show great consistency with both experimental 
datasets, even for the tension side. In addition, both experimental results are 
correctly adjusted in the two-point contact zone (from -280 kN to -500 kN), 
reaffirming the previous conclusion that the preload has a negligible effect in this 
zone. Furthermore, the existence of two experimental results, which is translated 
as a comparison between two assembly processes, means it can be concluded that 
the model is capable of adjusting the results for an axial case while accounting 
for the deviations introduced by this process. 

Figure 2.25 shows the same dataset under a tilting moment, however, it lacks 
results of the second assembly process. Once more, the 𝑚𝑚 and 𝑆𝑆𝑆𝑆 combinations 
obtained indicate a poor correlation with the experimental results, while the 
NREL formula greatly underestimates the friction torque. 
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Figure 2.25. Analytical results selection adjusted to Experimental Data 3 results under 

tilting moment. 

Finally, the Experimental Data 4 results are shown in Figure 2.26. The analytical 
results are a great fit with the experimental results regarding compression side, 
being more accurate than the formula from the NREL. Similar to the results of 
Experimental Data 2, there is a big discrepancy between the compression and 
tension of the experimental results, so the analytical result cannot match the 
experimental ones. Again, given the lack of results on the tension side, a separate 
adjustment for tension side is not feasible. 
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Figure 2.26. Analytical results selection adjusted to Experimental Data 4 results under 

axial load. 

 
Figure 2.27. Analytical results selection adjusted to Experimental Data 4 results under 

tilting moment. 

Figure 2.27 shows the Experimental Data 4 results under tilting moment for the 
previous 𝑚𝑚 and 𝑆𝑆𝑆𝑆 combinations. The analytical results yield far more accurate 
friction torque values for the low-loaded zone (from 0 kNm to 50 kNm in Figure 
2.27). However, the poor correlation between the analytical approach and the 
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experimental results confirms the need for additional factors, particularly the 
flexibility of the rings and surrounding structures. 

Broadly speaking, the preload scatter hypothesis explains how friction torque 
varies with the applied load. The model is applicable when the bearing behaves 
according to the rigid ring hypothesis, i.e. under compressive loads, and yields 
more accurate results than the model by Joshi et al. [124] and the NREL formula. 
However, in the event of significant ring deformation, such as when some ring 
regions are subjected to tension, the model is not capable of fitting the 
experimental results. These results suggest that the model based on the preload 
scatter hypothesis can yield accurate results, although rigid ring hypothesis is not 
applicable in all cases. 

The range of the tuning parameters values that best fit the experimental 
results in each case, offering a mean relative error of less than 5%, are 
summarised in Table 2.3.  

Table 2.3. Experimental dataset names corresponding to the bearing pairs used for 
the experimental tests. 

New experimental 
dataset name 

𝝁𝝁 𝟎𝟎 [µm] 𝑺𝑺𝑫𝑫 [µm] 𝑪𝑪 [Nm] 

Experimental Data 1 0.085 [-10 , 0] [10 , 17.5] [81 , 92] 

Experimental Data 2 0.11 [5 , 7.5] [10 , 12.5] [73 , 79] 

Experimental Data 3 0.09 [-7.5 , 5] [7.5 , 17.5] [96 , 113] 

Experimental Data 4 0.085 [-2.5 , 0] [15 , 17.5] [114 , 123] 

Overall [0.085 , 0.11] [-10, 7.5] [7.5 , 17.5] [73 , 123] 

The coefficient of friction is always within a range of 0.085 and 0.11, which is 
coherent with the references [31,124,176,177,179–181]. Since each experimental 
data corresponds to different bearings, mounted with balls of slightly different 
sizes, the mean effective preload 𝑚𝑚 is different in each case. Nonetheless, all the 
bearings were supplied by the same manufacturer, so the manufacturing errors 
are expected to be similar in every case. Moreover, they were mounted on the 
same test bench and assembled following the same procedure. Accordingly, the 
standard deviation of the effective preload 𝑆𝑆𝑆𝑆 is very similar in every case, and 
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always within a range of 7.5 µm and 17.5 µm, which confirms the previous 
statement. A good fit could be achieved with negative 𝑚𝑚 values, which means 
that some balls will have clearance (not preloaded after the assembly process). 
Finally, the value of the constant parameter 𝐶𝐶 is within a range of 73 Nm and 
123 Nm, meaning that this parameter has a significant effect on the friction torque 
for this size of bearings, which is expected to come from the contribution of the 
seals and the cage. 

2.4 Effect of ring deformations 
According to the reasons discussed in the previous section, the ring 

deformations could be the reason for the poor correlation of the friction torque 
between the analytical approach estimations and the experimental results, for a 
bearing under a tilting moment. Previous works [12,23,74,77] showed that, for 
this load case, the rigid rings assumption can lead to fewer balls in the four-point 
contact zone, compared with the results when the flexibility of the rings and the 
structures are considered. The higher contribution of each ball to the friction 
torque in the four-point contact zone than in the two-point contact zone (see Figure 
2.3b) reveals a possible cause of the unsatisfactory analytical-experimental 
correlation under tilting moment (see Figure 2.21, Figure 2.23, Figure 2.25 and 
Figure 2.27). In addition, the observed differences for some cases under axial 
force could be reasoned as being due to the behaviour of the bearing under 
tension (see positive values of axial force in Figure 2.22 and Figure 2.26) and its 
relationship with the bearing stiffness together with the preload variation. 

An FE analysis is performed in this section to examine the effect of the 
flexibility of the rings and surrounding structures on the resulting load 
distribution and, as a result, the friction torque for a bearing under a tilting 
moment. The results are compared to those obtained using the analytical 
approach, which takes the rigid rings assumption into account. 

2.4.1 FE model description 

FE structural simulations including the test bench were performed to analyse 
the deformation behaviour of the bearing rings when a tilting moment is applied. 
For this purpose, an FE model of the BEAT1.1 assembly, including the two 
mounted bearings, was developed in ANSYS Workbench [127]. A cross-sectional 
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view of the FE model of the BEAT1.1 with implemented bearings is shown in 
Figure 2.28. 

 
Figure 2.28. Cross-sectional view of the BEAT1.1 test rig FE model [127]. 

The two identical bearing models are generated using a extension called 
“Rolling Bearing inside ANSYS” created by CADFEM. The tool, created for the 
ANSYS workbench environment, implements nonlinear spring elements 
between the bearing rings to represent the nonlinear contact behaviour between 
the ball and raceway and generates a highly efficient global FE model (similar to 
the approach in [79]). 

As the test bearings are manufactured with a preload to ensure every ball is 
in contact in a non-loaded condition, a constant initial ball oversize of 35 µm is 
considered in the model, with no preload scatter. Bolts and frictional contacts at 
the flange surfaces are implemented to represent the bolted connections and to 
enable a realistic deformation behaviour of the structure. The different kinds of 
loads to achieve the desired load level of the bearing are applied in a certain 
sequence, which is shown in Figure 2.29. 
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Figure 2.29. Loading sequence for BEAT1.1 FE simulations. 

The procedure used to apply the loads on the FE model corresponds to the 
assembly and testing procedure. In a real assembly, the balls are preloaded due 
to the manufacturing errors during production. However, the FE model 
considers the same preload on all the balls. Furthermore, in order to overcome 
the elastic interaction, the bolts are tightened in a specific sequence, whereas the 
FE model applies the bolt pretension to all of the bolts at the same time. Thus, 
because of how the first load step is implemented, manufacturing errors are not 
considered and all the bolts are evenly preloaded at the same time, resulting in 
both load cases being implemented in the same load step (Figure 2.29 Step 1, 
green and blue lines). 

In order to understand the reason for applying the gravity load (Figure 2.29 
Step 2, yellow line) in the model, the experimental testing procedure must be 
understood. During the experimental test, the test rig applies a small axial force 
to overcome the effects of gravity. The applied axial force corresponds to the 
weight of the components on the lower bearing, so the lower bearing is in an 
unloaded state. 

Following that, the specified load conditions are applied while the bearings 
rotate to measure the friction torque. Given that intermediate substeps are 
required to solve the FE non-linear problem, the third load step (Figure 2.29 
Step 3, red line) applies the external loads incrementally. This enables calculating 
all the tilting moment cases in one solution run while obtaining the results for 
various loading cases. 

Therefore, the FE model accounts for the flexibility of the structures, but does 
not simulate the main sources that cause the ball preload scatter. Nonetheless, 
even if these effects are not simulated, the contact deformations before applying 
the external load, which were defined as effective preload, will not be exactly the 
same on every ball, as the structures will deform after the first load step. As a 
result, this model allows for the effect of flexibility on friction torque to be 
isolated. 

A tilting moment of 125 kNm is applied on the model as external load. Figure 
2.30 shows cross-sectional views of the deformed rings of the lower bearing 
under this load. Even if the structure surrounding the bearings is cyclically 
symmetric, the bearing deforms differently on the tension (right) and 
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compression (left) sides. It could be argued that the frame of the test rig is not 
cyclically symmetric (see Figure 2.28). However, the FE model’s plane of 
symmetry is perpendicular to the axis where the tilting moment is applied, so it 
does not justify the lack of symmetry on the load distribution results observed 
for both negative and positive values of tilting moment.  

 
Figure 2.30. Radial nodal displacements of the rings in mm for M = 125 kNm, 
compression side (left) and tension side (right) in the lower bearing, Scale 50. 

It can be seen that the radial displacements on the tension side are 
significantly higher than on the compression side. In turn, this characteristic ring 
deformation behaviour leads to different contact forces and angles on both sides. 
The load distribution shape on the compression side more closely resembles the 
one obtained with the analytical model considering rigid rings, which does not 
occur for the tension side. 

This confirms that the rigid ring assumption is acceptable when a pure 
compression load is applied or in the compressed region when subjected to a 
tilting moment. In the case of axial tensile force, however, the raceways are more 
flexible, and thus they will "open" (see Figure 2.30, right), affecting the load 
distribution, so the rigid rings assumption will not provide accurate results. This 
different behaviour under compression and tension loads also explains the lack 
of symmetry in the experimental results of the friction torque shown in Figure 
2.22 and Figure 2.26 for a bearing under axial load, even if more measurements 
would be required on the tension side to further confirm this observation. 

Furthermore, the FE simulations reveal that both test bearings are not exactly 
loaded in the same way. This is caused by minor differences in the surrounding 
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structures for both bearings and shows the sensitivity of the bearing’s internal 
load distribution towards the stiffness of the surrounding structures. As the 
experimental friction torque is measured for both test bearings, it is also 
important to consider the load distribution and contact angle evolution of both 
bearings for the approximation procedure. The FE simulations are conducted 
with a high number of substeps to calculate the resulting load and contact 
pressure distributions as well as the contact angle evolutions in both bearings for 
various different load levels. This extensive data set is used for the following 
calculations. 

2.4.2 Friction torque results 

To study the effect of the flexibility of the rings and the surrounding 
structures on friction torque, the load distribution results from the 
aforementioned FE analysis were extracted for each load substep after the third 
load step. Then, this data was used to feed the analytical model for the friction 
torque calculation. In other words, the load distribution results from the 
analytical approach, which considers rigid rings, were substituted by the FE 
model results, while the friction torque problem was solved using the same 
analytical approach. 

As stated when describing the FE model, in this way it is possible to account 
for the flexibility of the system, but not the sources that cause the preload scatter, 
even if the effective preload is not the same on every ball. The results using FEM 
for the load distribution problem and the analytical approach for friction torque 
problem, are represented with a black line in Figure 2.31, named FEM Analytical. 
The results for the positive values of the tilting moment from Experimental Data 1 
are shown in this figure. This dataset was chosen as the reference as it was the set 
with more satisfactory results for the axial case (Figure 2.20) and more symmetric 
experimental results for the tilting moment (Figure 2.21). 
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Figure 2.31. Friction torque analysis feeding analytical tool with different stages of FE 

data. 

The results show a very strong correlation with experimental tests for loads 
from around 60 kNm onwards, while the curve is completely different under 
40 kNm. Two major conclusions can be drawn from the results of this first 
comparison. Firstly, based on the strong correlation for high tilting moments, it 
can be said that when calculating the load distribution, the flexibility of the 
structures must be considered in order to achieve accurate estimations of the 
friction torque. As a result, the analytical approach will yield less accurate results 
the more flexible the structures are. Secondly, based on the poor correlation for 
low loads, it can be concluded that the sources of the preload scatter must be 
considered if accurate friction torque results are required, particularly at low 
loads where the effect of the preload is significant. In fact, slewing bearings 
operate under this load condition in many applications, so the effect of the 
effective preload scatter may be more relevant than the effect of the flexibility of 
the structures in these cases. 

Some other results of the FE model were used to perform a further two 
analyses to confirm these conclusions and to obtain appropriate references to 
compare with the new friction torque curve, FEM Analytical. In order to provide 
a comparison of the performed analyses, Table 2.5 shows a summary of the steps 
taken to solve each problem, in addition to the effective preload calculation, 
which is further explained hereafter. 
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Table 2.4. Studied cases to analyse and compare the effect of the flexibility of the rings 
and surrounding structures on the load distribution and the friction torque. 

 
Effective 
preload 

Load distribution 
problem 

Friction torque 
problem 

FEM Analytical FEM  FEM Analytical 

Analytical 1 FEM average  Analytical Analytical 

Analytical 2 FEM Analytical Analytical 

In both analyses (named Analytical 1 and Analytical 2), the load distribution 
problem was solved analytically and consequently based on the rigid ring 
assumption, i.e. as described in Section 2.2 and 2.3. However, the value for the 
effective preload was obtained from the FE model after load step 1 (see Figure 
2.29). After that, the load distribution problem was solved without considering a 
preload scatter based on a normal distribution. This way, the analytical approach 
can be compared with the new FEM Analytical results, considering a similar 
status in the idling conditions (with no applied load). It must be noted that, when 
the ball preload (ball oversize) is applied in the first step of FE simulations, the 
rings are deformed so the effective preload, i.e. the actual ball-raceway 
deformations before applying the external load, will vary from the theoretical 
preload. 

The simulations in Analytical 1 consist of applying the same effective preload 
throughout all balls. This preload was calculated as the mean value of all the ball-
raceway deformations extracted from the FE analysis after the first load step (see 
Figure 2.29), i.e. the effective preload according to the FE simulation. With this 
unique value for the preload, the load distribution and the friction torque were 
calculated using the analytical approach. Because the preload scatter was not 
considered in this case, this analysis serves as reference and is depicted with a 
red line in Figure 2.31. Unlike the case when an axial load is applied (Figure 2.4), 
the drop in friction torque is not as pronounced when the same value of effective 
preload is considered for all of the balls. This is explained by the fact that the load 
is not distributed evenly among the balls when a tilting moment is applied. Even 
if the effective preload is the same for all balls, the transition from two-point to 
four-point contact state is more gradual and not simultaneous. 
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Following this, the second analysis was performed, called Analytical 2, in 
which the applied preload corresponds to the effective preload extracted from 
the FE analysis after the first load step (see Figure 2.29). This is similar to 
Analytical 1, but without computing the average for all the balls, resulting in a 
different effective preload for each ball. As a result, this method takes into 
account the effective preload caused by ring deformations and bolt pretension. 

When the results of Analytical 1 and Analytical 2 for high loads are compared 
in Figure 2.29, it is clear that both curves converge to the same results, which are 
similar to those in Figure 2.21 for the analytical approach. Consequently and 
because the FEM Analytical fits the test results in this load range, it is confirmed 
that the reason for the poor correlation between the analytical approach and the 
test results is that the flexibility of the structures is not taken into account in the 
former model. At low loads, however, the three curves deviate significantly from 
the test results. This confirms that the ball preload scatter, which is primarily 
caused by manufacturing errors and not considered in either case, is significant 
in this load range. 

To summarise, there are two options for achieving a good estimation of the 
friction torque for low tilting moments: (1) the structures are rigid and the 
analytical approach can be used, so the preload scatter can be considered as 
proposed in this work; or (2) the structures are so flexible that they affect the 
friction torque, as is the case, and thus the load distribution must be solved using 
FEM, taking the preload scatter into account. Since many calculations are 
required considering different combinations of 𝑚𝑚 and 𝑆𝑆𝑆𝑆, and due to the high 
computational cost of FE simulations, the second option goes beyond the scope 
of this research work. 

In order to complete the study and justify the effect of the deformations of the 
rings on friction torque, the results of the load distribution for an applied tilting 
moment of 150 kNm are shown in Figure 2.32. These results consider both rigid 
rings, according to the analytical model, and flexible rings, simulated by means 
of FE analysis. The figure also depicts the contribution of each ball to the total 
friction torque, which is a function of the load distribution. The contact angle is 
also shown in the figure for completeness. The results in the figure are for the 
upper row of the lower bearing of the test rig (see Figure 2.28). 
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Figure 2.32. Load (a), friction torque (b) and contact angle (c) distribution for the 

analytical and FE simulations for a tilting moment of 150 kNm. 

Focusing on the most loaded region, which occurs at the angular positions 0° 
and 180° of the balls in Figure 2.32a, the balls are subjected to higher contact 
forces in the analytical model than in the FE model. This observation is consistent 
with previous research [12,23,74,77]. These balls are in a two-point contact state, 
and the higher the load, the greater the contribution to friction torque, as shown 
in Figure 2.32b.  

When looking at the less loaded balls, which are located at the angular 
positions 90° and 270°, they are in a four-point contact state, which means that 
both contact diagonals are loaded (see the grey region). In this case, contrary to 
the observations in [12,23,74,77], considering the flexibility of the structures does 
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not result in more balls in the four-point contact zone for this particular case. 
Nonetheless, according to the FE model, the balls with four-point contacts are 
more loaded, leading to a higher contribution to the friction torque. Being 
consistent with previous explanations based on Figure 2.3b, Figure 2.32b shows 
how the friction torque of the balls in the four-point contact zone is greater even 
when they are less loaded than those in the two-point contact zone. Therefore, and 
because the load in these balls is lower under the rigid rings assumption, the 
friction torque is also lower for the analytical model than for the FE model under 
the considered tilting moment of 150 kNm. 

This explains why, for high tilting loads, the proposed analytical approach 
retrieves lower friction torque estimations than the experimental results in Figure 
2.21, Figure 2.23, Figure 2.25, Figure 2.27 and Figure 2.31 for high loads. As 
previously stated, in the case of low loads, the friction torque is more conditioned 
by the preload, and therefore by its scatter and the factors that affect it. 

2.5 Proposed guidelines 
When applying the proposed analytical approach to specific bearings, the 

user may encounter a variety of case scenarios. The bearing data available will 
differ depending on whether the user is a bearing manufacturer, a customer with 
some knowledge of the product or an end user who is unaware of any technical 
data. Based on that, this section provides instructions on how to use and tune the 
model to obtain the most reliable friction torque prediction tool possible. Three 
case scenarios are considered to achieve this goal: the one studied in this thesis 
(Case 1), the best-case scenario (Case 2), and the worst-case scenario (Case 3). 
These cases are summarised in Table 2.5. 

Different data will be known depending on the case. In this regard, the user 
has two options for dealing with unknown data: making assumptions (e.g., based 
on the bibliography or previous experience) or tuning the model for the specific 
bearing through experimental tests, considering the unknown data as the tuning 
parameter. This section recommends the minimum number of tests for the 
second strategy. In this regard, only the most basic tests, such as idling or axial 
load, are considered. 

 

Table 2.5. Considered case scenarios. 
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Scenario Known data  Unknown data  

Case 1 Global geometry: 
Internal geometry: 

𝑆𝑆𝑝𝑝𝑝𝑝, 𝑖𝑖 
𝑆𝑆𝑝𝑝, 𝑧𝑧, 𝛼𝛼0, 𝑠𝑠 

Coefficient of friction: 
Ball preload: 
Independent constant: 

𝜇𝜇  
𝑚𝑚, 𝑆𝑆𝑆𝑆 

𝐶𝐶 

Case 2 Global geometry: 
Internal geometry: 
Coefficient of friction: 
Ball preload (scatter): 

𝑆𝑆𝑝𝑝𝑝𝑝, 𝑖𝑖 
𝑆𝑆𝑝𝑝, 𝑧𝑧, 𝛼𝛼0, 𝑠𝑠 
𝜇𝜇 

𝑆𝑆𝑆𝑆 

Ball preload (average): 
Independent constant: 

𝑚𝑚 
𝐶𝐶 

Case 3 Global geometry: 𝑆𝑆𝑝𝑝𝑝𝑝, 𝑖𝑖 Almost everything  

Of course, in practice, many more intermediate cases than those listed in Table 
2.5 may occur. In such cases, the user may modify its strategy in accordance with 
the case scenarios described below. 

2.5.1 Case 1: Studied case 

This would be the case for customers with access to the drawings of the 
bearing. It corresponds to the case studied in this thesis, so all the geometry data 
was known (see Section 2.3). The procedure by which to tune the model is the 
one described in Section 2.3.2, where a minimum of four test measurements 
would be required: 

1. Two measurements under high axial load: these points are necessary to 
determine 𝜇𝜇, so they must be in the two-point contact zone (see Figure 2.14). 

2. Two measurements under low axial load: these points must be located in 
the four-point or the transition zone. One of these points may correspond to an 
unloaded case. With these two points and the previous ones, the parameters 𝑚𝑚, 
𝑆𝑆𝑆𝑆 and 𝐶𝐶 can be set. 

2.5.2 Case 2: Best-case scenario 

This can be the case of a bearing manufacturer, not only with access to the 
data regarding the particular bearing to be characterized but also to previous 
experience and extensive knowledge regarding their product, their 
manufacturing tolerances, previous test campaigns, and so on. With all this 
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information, the user can have access to reliable values for 𝜇𝜇 and 𝑆𝑆𝑆𝑆. Of course, 
for the manufacturer, the geometry is also known. Therefore, the only unknown 
parameters would be 𝑚𝑚 and 𝐶𝐶. In this case, the procedure to tune the model is 
easier, and the minimum number of required tests is lower: 

1. One measurement under high axial load to define the 𝐶𝐶 parameter, since 
𝑚𝑚 has no effect in the two-point contact zone (see Figure 2.3). 

2. One measurement in unloaded conditions to define 𝑚𝑚. 

2.5.3 Case 3: Worst-case scenario 

This would be the case for an end user whose unique data is 𝑆𝑆𝑝𝑝𝑝𝑝, since the 
geometry of the structure where the bearing is installed must at least be known 
in order to have an estimation of the friction torque. This is indeed the only data 
required by the formula proposed by the NREL [49]. 

In this case, only rough estimations can be made for the friction torque by 
using the proposed approach. To this end, data from the bibliography can be 
considered for certain parameters like 𝜇𝜇 or 𝑠𝑠, but others can only be estimated, 
based on conservative assumptions. Having so little information, in this case, the 
formula from the NREL could be enough to obtain rough estimations for the most 
loaded case, but the results must be interpreted with caution, since it can yield 
non-conservative results for low loads. 

2.6 Conclusions and additional remarks 
The proposed analytical methodology calculates the friction torque in ball 

slewing bearings considering the ball preload scatter. The obtained results show 
how the preload scatter justifies the smooth transition from four to two-contact 
points that the state of the art analytical models show under axial load. Modelling 
the preload scatter with a normal distribution enables easy correlation of 
experimental results, while still allowing for the use of alternative distributions 
or scatter preload sources. Moreover, the model achieves a successful correlation 
with experimental tests under compressive loads. 

Nonetheless, the rigid ring assumption considered in the approach can lead 
to inaccurate friction torque results when a tilting moment or a tension axial force 
(less common) is applied. This is mainly caused by the opening of the raceways 
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and their low stiffness compared to the surrounding structures. Thus, it is 
concluded that the friction torque depends on the stiffness of the structures the 
bearing is assembled to. 

An important additional conclusion is that, under an applied tilting moment, 
the less loaded balls determine most of the friction torque of the bearing, which 
have four points in contact, and not the most loaded ones, which only have two 
points. This proves how sensitive the friction torque is to the preload (and its 
scatter) even for high applied tilting moments, since the higher the preload, the 
more balls will be in the four-point contact state, and therefore the higher the 
friction torque will be. 

The methodology described in this research work is meant to have a practical 
application, useful for users ranging from a bearing manufacturer with extensive 
knowledge about their product to a user with more limited information. As a 
result of the analysis performed, some guidelines for using and tuning the model 
are proposed, in order to obtain a reliable friction torque prediction tool. In this 
regard, the presented analytical approach yields considerably more accurate 
results than the practical formula given by NREL for this type of bearings, even 
though the latter can still be useful for rough estimations when only the 
macrogeometry (𝑆𝑆𝑝𝑝, 𝑆𝑆𝑝𝑝𝑝𝑝 and 𝑍𝑍) of the bearing is known. 

With all of this, it is proven that the preload scatter is capable of taking 
account of the deviations of the preload coming from the manufacturing errors 
and bolt pretension, as it is capable of adjusting the friction torque for low loads. 
Moreover, the constant effect of the seals and the separating elements on the 
friction torque has been proven. However, in order to develop a more precise 
tool the flexibility of the rings and surrounding structures must be taken into 
account. 

The FEM has proven to be an effective but inefficient method to account for 
the flexibility of the rings and the surrounding structures. Furthermore, no 
simulations have been performed that account for both preload scatter and 
structure flexibility simultaneously. As a result, the simulations with flexible 
structures performed in this work show a strong correlation with experimental 
results for high loads but a poor correlation for low loads, where preload (and its 
scatter) have a significant effect. 
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The simulation of structure flexibility and preload scatter can be performed 
efficiently by incorporating the system stiffness matrices into the analytical 
procedure. However, for proper implementation the FEM is needed to validate 
the analytical model for each case. In this regard, an advanced FE model is being 
developed by Fraunhofer IWES which the preload scatter will be implemented 
to. On top of that, a superelement based model is considered as an alternative 
modelling strategy to mitigate the computational cost introduced by FEM, which 
is important if the same amount of analysis needs to be computed. This way, 
instead of modelling the entire test bench, only the required bearing geometries 
must be modelled in the future. In this regard, the next chapter focuses on FE 
simplification techniques to simulate the flexibility of the bearings and the 
surrounding structures. 
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3 FE simulation of pitch bearings  

3.1 Introduction 
This chapter studies the flexibility of a two-row four-point contact bearing 

modelled by FE in its working conditions, which involves being assembled 
between a blade and a hub of a wind turbine subjected to working loads.  

Although the most direct way to simulate the flexibility of the bearing rings 
and the surrounding structures is to use FE with a complete model of the bearing, 
different research works have focused on simplifying these models to reduce 
their computational cost. Smolnicki and Rusiński [80–82] proposed an approach 
to simplify the ball-raceway contact with tension-only springs when performing 
finite element simulations and compared the effects of simulating the boundary 
components using different techniques. Daidié et al. [79] enhanced the approach 
of simulating the ball-raceway contact by proposing a mechanism that 
considered the variation of the contact angle with the load more accurately. FEM 
has also been used to obtain data to implement the flexibility of the bearing rings 
and the surrounding structures in analytical models, such as Olave et al. [74] and 
Guo and Parker [142], who used superelement (SE) techniques. Some researchers, 
such as Plaza et al. [21] and Heras et al. [12,23], also considered the effect of ring 
flexibility using both the SE method and Daidié’s mechanism. Heras et al. also 
used SE with Daidié’s mechanism to obtain the stiffness matrices of the rings and 
implement it into an analytical model [10]. However, this work did not consider 
the effect of real boundary structures and none of the previous ones showed the 
effect of the FE modelling techniques used. Regarding experimental testing, 
IWES BEAT2.1 [90] is a test rig designed to reproduce the real boundary 
conditions of a bearing mounted on a wind turbine. Even if its FE model 
considers all the surrounding elements to obtain precise load distribution results, 
considering bolted connection [182] is not common with these large scale models. 
However, other research works [166] have shown that the bolt preload variation 
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may introduce some variations into the load distribution results. This underlines 
the importance of considering these elements when analysing the bearing. 

Although FEM is the most commonly used method for accounting for the 
flexibility of the components, in wind turbine blade designs, experimental tests 
provide the most accurate results of their behaviour, with the blade being an 
expensive component made of composite materials consisting of multiple 
laminates in different directions. 

As a result, in this chapter, the effect of blade material on bearing flexibility 
and load distribution is analysed in this chapter. In this way, the potential of 
replacing the blade material with a more common material, such as steel, is 
assessed for the experimental testing of slewing bearings. Providing the blade 
material does not have a significant effect on the bearing results, this could be 
considered at an early stage in the design process, allowing for models that 
include the blade in the bearing calculations to provide valuable insights that 
could streamline the design process, as well as enabling cost-effective 
experimental testing. 

When it comes to assessing the effect of the FE techniques used, the 
simplification of bolted joints by replacing bolts with simple pre-stressed beam 
elements is the most widely used method [18,21,166]. With this, the model is still 
non-linear but allows the components to slide or separate from each other. In 
some cases, the beam elements are suppressed and the components are joined 
directly using constraints between the contact surfaces [182], which is a common 
simplification when the interface connection is not the studied region. These 
constraints consist of constraining both contact faces of the components to 
achieve the same displacement, referred to as "bonded contacts" in FE-based 
software such as Ansys, allowing for a linear problem. Because of this, the impact 
of these connections and their cross-effect with the aforementioned material 
change of the blade is studied. In addition, an alternative way of further 
simplifying the bearing model is presented and studied, where the bearing is 
replaced by three non-linear springs that simulate its axial, radial and tilting 
stiffness.  

Similarly, some nuances of Daidié’s mechanism are studied, specifically its 
behaviour under radial load, where the mechanism is forced to operate outside 
the plane that contains it. Therefore, the impact of this mechanism is assessed 
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where the degrees of freedom that move it out of the working plane are released 
and the error introduced by this additional displacement is assessed. 

3.2 Reference blade-bearing-hub assembly model 
This section focuses on the blade-bearing-hub assembly parts and 

characteristics. The modelling and simplification techniques used in the reference 
assembly model are presented below. 

3.2.1 Geometry and materials 

The geometrical specifications of the components used for the model were 
provided by Fraunhofer IWES. The model comprises a wind turbine hub, a 
separator, a two-row four-point contact slewing bearing, a stiffener and a wind 
turbine blade. Figure 3.1 shows the assembly of these components and their 
location on a blade wind turbine. 
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Figure 3.1. Assembly of the model components. 

The characteristics of the modelled components of the assembly are described 
below: 

• Wind turbine blade: the blade is the component which is subjected to the 
wind current forces, and thus, the loads are applied to this component. 
This element is connected to a stiffener plate and the inner ring of the 
slewing bearing with bolts that are screwed to its root. The blade is usually 
made of composite materials which vary depending on the manufacturer, 
the expected working conditions and turbine size, among other factors. In 
this case, the composite laminates and their arrangement are provided by 
Fraunhofer IWES (extracted from IWES Wind Turbine IWT-7.5-164 [183]) 

Wind turbine blade

Separator

Stiffener plate

Slewing bearing

Wind turbine hub

Full blade wind turbine

Blade – bearing – hub assembly
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so the blade is modelled based on their specifications. Figure 3.2 shows the 
layout of the composite laminates in the FE model of the blade. 

 
Figure 3.2. FE model of the blade showing the composite material layout. 

• Stiffener plate: this plate stiffens the assembly so the wind turbine can 
withstand the wind forces with less deformations in the radial direction of 
the bearing. This element allows for large diameter bearings, which 
prevents their deformation (ovalization) and ensures improved system 
performance. This element can be divided into two parts: the flange, which 
is designed to connect the bearing and the root of the blade; and a web 
that extends from the inner part of the flange to the centre point, which 
stiffens the assembly to prevent large deformations. This element is 
modelled with a standard structural steel, with a Young modulus (𝐹𝐹) of 
200 MPa and a Poissons ratio (𝜈𝜈) of 0.3. 

• Slewing bearing: a two-row four-point slewing bearing that withstands 
the blade loads while enabling blade pitch rotation with respect to the hub. 
This ensures the blade has a proper pitch angle depending on the wind 
currents. This is modelled with standard steel material as well. 

• Separator: a steel flange that is intended to connect the hub and the 
bearing. 

• Hub: an element that connects the three blade-bearing assemblies with the 
nacelle and performs the main rotation of the wind turbine. This element, 
which is made of steel, withstands the loads transmitted from the blades 
through the bearings. 

Honeycomb

Composite mat. 2

Composite mat. 1



110  Iñigo Escanciano 
 

 

3.2.2 FE model simplifications 

To efficiently analyse the behaviour of the whole model, some modelling 
simplifications are made. Firstly, only a part of each component is modelled 
considering its geometrical symmetries. In fact, the external loads also condition 
these symmetries so these may also be considered. 

As the purpose of this work is to study the effect of the bearing and its 
surroundings, only a portion of the total length of the blade (approximately 7.2 m 
of the 80 m of the blade) is used, which corresponds to a part known as the blade 
root. The blade root consists of a cylindrical geometry with two nerves, which 
permits the modelling of only half of it due to its symmetry planes, further 
reducing the computational cost. The loads are applied at the top of the blade 
root, far enough from the bearing ensuring they do not affect its results, which 
are contained in the symmetry plane of the components. The applied loads are 
approximate to the real values provided by Fraunhofer IWES, consisting of an 
axial force in the Z axis direction (𝐹𝐹𝑎𝑎  = 1000 kN), a radial force in the X axis 
direction ( 𝐹𝐹𝑟𝑟  = 1000 kN) and a tilting moment perpendicular to the Y axis 
direction (𝑀𝑀 = 50000 kNm). These loads were extracted from the highest values 
from multiple load cases, which, when combined, represent an extreme load case. 
The previous simplifications and symmetries permit a comprehensive 
consideration and study of the blade flexibility, while significantly reducing the 
number of nodes of the blade FE model, optimizing the computational efficiency 
under the worst load case scenario. 

The stiffener, the bearing and the separator also have one symmetry plane 
which coincides with the blade root, so their model can also be halved in the same 
way. The hub, which originally contained three blades, is modelled to only 
contain one blade. Because of this, its model is reduced to a third of it, which is 
enough to study its effect on the bearing and its surroundings. Again, the third 
part of the hub contains a symmetry plain that coincides with the symmetry 
plane used in the previous components, so this is also reduced to half of it. 

Because of the used symmetry planes used, the reduced models result in a 
blade-bearing-hub assembly model as shown in Figure 3.3 below. This figure also 
shows where the loads are applied on the model and its axes. 

In addition to this, the symmetries also imply introducing specific boundary 
conditions. In fact, the boundary conditions applied to the symmetry planes must 
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consider the deformations in the plane while the elements are always in contact 
with it. In the software used for these simulations (Ansys 2019 R2), this boundary 
condition is called frictionless boundary condition. Figure 3.3 shows where these 
frictionless boundaries are applied, shown in orange for the surfaces and yellow 
for the edges. In addition, a fixed boundary condition is included to represent the 
joint of the hub with the nacelle, which is indicated in red. 

 
Figure 3.3. Representation of the boundary conditions at the surfaces and the edges of 

the assembly model and the applied loads. 

Fixed boundary condition

Frictionless b.c. for 
solid elements

Frictionless b.c. for 
shell elements
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Furthermore, some component features consist of thin walls, which can be 
simplified by shell elements. Figure 3.3 shows the frictionless boundary 
conditions applied to this type of element in yellow, distinguishing them from 
the surfaces, that are modelled with hexahedrons or tetrahedrons. These thin 
walls are part of the following components: 

• The hub flange that is connected to the nacelle and three additional flanges 
that connect the blade-bearing assemblies. These flanges are connected 
with a low thickness geometry that is modelled with shells. 

• The stiffener and separator both have webs that stiffen the model. As they 
are not very thick, these elements are also modelled with shells. 

For the elements meshed with shell elements, the frictionless boundary 
condition cannot be directly applied in Ansys software. However, equivalent 
boundary conditions are applied by restricting the corresponding degrees of 
freedom. For the hexahedral mesh, only the displacement out of the plane is 
restricted when a frictionless boundary condition is applied. For shell elements, 
however, their rotations whose axes are on the symmetry plane are also 
restricted, so the shell remains perpendicular to it. 

Another way to enhance the model to reduce its computational cost is by 
reducing the models of the components with equivalent elements with less DoF. 
In this type of full-scale model, it is common for bolt-modelling techniques to be 
used that simplify the non-linear problems caused by the contacts of the bolted 
connections. If a proper model of the bolts was represented, each bolted 
connection would have a contact between the threaded hole of the nut and the 
threads of the bolt, requiring a finer mesh in those areas. Additionally, the bolt 
head and the base of the nut would also require a fine mesh as they make contact 
with their corresponding components. 

The approach taken for this work consists of a simplified bolted connection, 
allowing frictional contact between the component faces. This widely used 
technique consists of substituting the bolt model with beams and a pretension 
element. Besides this, the bolt head and the threaded hole are not represented 
and constraint equations or rigid elements are used instead to connect the beam 
with the interfaces. This modelling technique allows the analysis of the model 
with frictional contact (sliding is permitted with a coefficient of friction value of 
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0.3) between the components while maintaining a simple solution for the bolted 
connections. 

Figure 3.4 represents the modelled bolt pretension element (in blue) with its 
connections to the corresponding components with rigid elements (in red). 

 
Figure 3.4. Representation of the bolted connection used in the assembly model. 

In addition to this, the balls are also replaced with the known and widely used 
Daidié’s mechanism [79] (see Figure 3.5). According to the literature, this 
mechanism replaces the ball with a mechanism that contains non-linear springs 
that represent the non-linear deformations that occur in the ball-raceway contact.  
For the stiffness of the springs, the formulation proposed by Houpert [60] based 
on Hertz's theory is used. Furthermore, this model takes account of the contact 
angle change that occurs when a load is exerted on the bearing. Even if this does 
not convert the non-linear contact problem to a linear one, it does lead to a 
significant reduction in the number of nodes due to the replacement of the ball 
models and the finer mesh that the ball-raceway contact implies in the contact 
elements. Moreover, it helps to reduce the convergence problems that may arise 
when solving the ball-raceway contact problem. 

Frictional 
contacts

Bolted 
connections
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Figure 3.5. Representation of the bearing mesh and ball-raceway contact simplification 

(Daidié’s mechanism) used in the assembly model. 

3.3 Studied cases 
In this section, the different study cases are analysed by means of the FE. 

3.3.1 Blade material 

As initially stated, for wind turbine blade designs the components are tested 
at final design stages, as these tests provide the most accurate results of their 
behaviour, with the blade being one of the most expensive components. Due to 
this, substituting the composite blade with a steel one has been considered. If the 
effect of replacing the blade material is minimal, this would enable experimental 
testing of the bearing by both manufacturers and users at a significantly lower 
manufacturing cost, also decreasing any behaviour uncertainty in the final design 
stages. 

In fact, in these stages, the bearings are usually sized and manufactured for a 
blade that has evolved through the design process, and for reference loads based 
on the expected wind forces. This means that the requested bearing has to cover 
the working loads it is sized for with a margin of error, due to possible turbine 
design changes. Bearing manufacturers are initially unaware of the stiffness of 
the elements adjacent to the bearing, especially the blade materials. Therefore, 
they design the bearing under unknown boundary conditions. Finally, both the 
bearing and the blade are tested with the final materials, with the major variation 
from the initial design being the blade material and the acting loads.  
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Furthermore, in the early design stages, knowing the material allows for 
greater precision in the bearing calculations. If it is found that changing the blade 
material does not imply major changes in the obtained bearing results, this would 
make it possible to obtain a bearing design more similar to the one obtained in 
the final design stages of the turbine. On the other hand, when experimentally 
testing the behaviour of the bearing, a blade could be used that is made of a 
material that is simpler and quicker to manufacture and more readily available, 
which would reduce the experimental test costs. 

For all these reasons, the possibility of modelling the blade with a more 
accessible and easier to model material, such as steel, is proposed. Figure 3.6 
depicts the material change made on the model. 

 
Figure 3.6. Representation of the blade material change in the assembly model. 

3.3.2 Bolted connection 

The approach taken for this work consists of a simplified bolted connection, 
but still, the contact problem between the components must be solved. To 
overcome this problem, and thus reduce the computational cost, the alternative 
method consists of connecting the interfaces of the components avoiding any 
frictional contact. 

Although there are many different ways to make this simplification, such as 
implementing constraint equations or creating rigid elements, the Ansys 
software allows for defining a penalty based contact formulation between the 
interfaces, which is called a “bonded connection”. By implementing the bonded 
connection (see Figure 3.7), the bolts do not need to be modelled. This way, the 
two interface faces of the components are connected so that the joint does not slip 
and the same deformation is imposed for the nodes of both elements. This type 

Steel 
blade

Composite 
blade
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of connection is widely used in global analyses of large assemblies to avoid 
adding more small-size elements that are negligible for the analysis. 

 
Figure 3.7. Representation of the bonded connection and the omission of the bolts in 

the assembly model. 

3.3.3 Bearing model 

Finally, an alternative model that omits the bearing FE model is also studied. 
This model consists of replacing the bearing with three non-linear springs. Each 
of these springs is modelled to reproduce the bearing axial, radial and tilting non-
linear stiffnesses. The stiffness curves of these are obtained using the same FE 
modelling technique used in [10]. However, to remain consistent with the 
methodology, Daidié’s mechanism was used to obtain the stiffness values, so no 
more variables are introduced when comparing the results. Figure 3.8 shows the 
dimensions of the bearing used to obtain these curves with 𝑆𝑆𝑝𝑝𝑝𝑝  = 4690 mm, 
𝑆𝑆𝑝𝑝 = 80 mm and 𝑍𝑍 = 147 per row. Figure 3.9 shows a detail of the FE model and 
meshing, and it can be seen how the bearing rings were attached to stiff flanges 
that allow opening between components. 
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joints

Frictional 
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connections
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Figure 3.8. Geometrical data of the bearing [184]. 

 
Figure 3.9. FE model of the bearing to obtain the stiffness curves. 

The stiffnesses of the springs in the directions where the bearing is replaced 
are obtained. This is done by adjusting a mathematical expression to the 
aforementioned bearing model stiffness results. However, for axial stiffness, the 
behaviour of the bearing differs when subjected to compression or traction, thus 
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requiring different adjusted expressions as shown in Figure 3.10 and Figure 3.11, 
respectively. 

 
Figure 3.10. Adjusted axial stiffness for compression loads. 

 
Figure 3.11. Adjusted axial stiffness for tension loads. 

In the case of radial and tilting stiffness, only one adjustment procedure is 
required, and the obtained results are shown in Figure 3.12 and Figure 3.13, 
respectively. 
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Figure 3.12. Adjusted radial stiffness. 

 
Figure 3.13. Adjusted tilting stiffness. 

The bearing stiffness curves have been adjusted so that the mathematical 
expression simulates each of the stiffnesses. This has been satisfied up to the 
point where the flanges start to separate from the bearing, where the stiffness 
alters their behaviour. The adjusting parameters that form the mathematical 
expression (3.1) are summarised in Table 4.3. 
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 𝐹𝐹 = 𝐶𝐶 · 𝛿𝛿𝑖𝑖 (3.1) 

Table 3.1. Adjusting parameters for the stiffness mathematical expression of the three 
springs substituting the bearing. 

 

Figure 3.14 shows the visual representation of the implemented non-linear 
springs substituting the bearing in the assembly. 

 

Figure 3.14. Representation of the three springs (axial, radial and tilting stiffnesses) 
substituting the bearing in the assembly model. 

The three springs now replacing the bearing must connect the stiffener plate 
and extender ring. Thus, two more variants of the model are introduced, 
depending on the elements used to connect the springs to the surrounding 
elements: 

• MPC184 elements: these elements connect two FE nodes and apply 
constraints between them. These elements impose the same displacements 

 
Axial 

(compression) 
Axial 

(compression) Radial Tilting 

𝑪𝑪 6.8e4 kN/mmn 2.4e4 kN/mmn 1.5e4 kN/mmn 6.8e6 kN·m/degn 

𝒊𝒊 1.3 1.0 1.1 1.1 
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or rotations on the nodes, so the element simulates a rigid element 
between them. Using these elements to connect two components produces 
a similar effect to a bonded contact between components, but allows the 
connection at a desired distance. 

• RBE3 elements: these elements distribute the forces or moments received 
at the master node to the connecting slave nodes by means of constraint 
equations. In this model, the spring node is defined as the master node, so 
it distributes the forces to the surrounding elements, so the elements 
simulate a more flexible element between them compared with the 
MPC184 element. The force distribution takes account of the geometry of 
the slave nodes, so when the distance from the master node to all the slave 
nodes is the same they are subjected to the same force. 

3.3.4 Resulting alternative models 

When combining the study of the two types of bolt modelling techniques with 
the two blade materials, four possible models are obtained (see Figure 3.15), 
which are as follows: 

• Composite bonded: a model created by combining the composite blade 
model with bonded connections to connect the components. 

• Composite frictional: a model created by using the same composite blade 
as the previous model, but with a simplified bolted connection that allows 
for frictional contact between the components. 

• Steel bonded: a model created by using the steel material to model the 
blade with bonded connections to connect the components. 

• Steel frictional: a model created by using the same steel blade as the 
previous model, but with a simplified bolted connection and frictional 
contact between the components. 
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Figure 3.15. Representation of the final FE models after the blade material and bolted 

connection changes. 

On top of that, after introducing the modelling method that replaces the 
bearing for three springs, two more variants are introduced. However, these 
results are only compared with the reference model (composite blade with bolted 
connection) and only the connection modelling technique between the elements 
is varied, resulting in the following models (see also Figure 3.16): 

• 3 Springs MPC composite bonded: the same model as the composite 
bonded model, but using the three springs to represent the bearing stiffness 
and joining them to the stiffener plate and extender with MPC elements. 

• 3 Springs MPC composite frictional: the same model as the composite 
frictional model, but using the three springs to represent the bearing 
stiffness and joining them to the stiffener plate and extender with MPC 
elements 
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• 3 Springs RBE3 composite bonded: the same model as the composite 
bonded model, but using the three springs to represent the bearing stiffness 
and joining them to the stiffener plate and extender with RBE3 elements. 

• 3 Springs RBE3 composite frictional: the same model as the composite 
frictional model, but using the three springs to represent the bearing 
stiffness and joining them to the stiffener plate and extender with RBE3 
elements. 

 

 
Figure 3.16. Assembly of the model components. 
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3.4 Simulation results 
The obtained results for each of the simulations are presented and compared 

in this section. For this purpose, the deformation results are post-processed to 
analyse the effect of each of the proposed changes on the bearing rings and also 
on ball-raceway contact forces and contact angles. 

Figure 3.17 shows the selected edges of the faces in contact with the bearing, 
the deformations of which are post-processed. Selecting these edges enables 
being able to obtain the shape of the deformations or, from another perspective, 
the shape of the load distribution reaching the bearing from the blade side (outer 
edge of the bearing and stiffener matching faces) and the hub side (inner edge of 
the bearing and extender matching faces). These circumferences are used as a 
reference without any deformation and are referred to as Base Circumferences. 

 
Figure 3.17. Selected bearing edges to be analysed and compared for each of the FE 

models. 

3.4.1 Blade material and bolted connection 

To analyse the local ring deformations, the global displacements of the rings 
must first be subtracted. After the FE analysis, a Matlab script is used to displace 
and rotate the Base Circumferences nodes (undeformed) to a final position that best 
fits the final location of the edge nodes (deformed). This retrieves the rotation (𝛼𝛼) 
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in the XZ plane and the displacements (𝑠𝑠𝑂𝑂𝑋𝑋, 𝑠𝑠𝑂𝑂𝑌𝑌 and 𝑠𝑠𝑂𝑂𝑍𝑍) of the centres, which 
are indicated in the following table: 

Table 3.2. Displacements of the reference circumference centres after the blade 
material and bolted connection modelling technique changes for extreme loads. 

  
Composite 
Frictional 

Composite 
Bonded 

Steel Frictional Steel Bonded 

Bl
ad

e 
si

de
 

dOX (mm) -1.613 -1.547  /  -4.1% -1.415  /  -12.3%  -1.274  /  -21.0% 

dOY (mm) 0.000 0.000 0.000 0.000 

dOZ (mm) 0.458 0.500  /  +9.2% 0.537  /  +17.2% 0.513  /  +12.0% 

α (deg) 0.067 0.066  /  +1.5% 0.068  /  +1.5% 0.064  /  -4.5% 

H
ub

 s
id

e 

dOX (mm) -1.286 -1.277  /  -0.7% -1.335  / +3.8% -1.320  /  +2.6% 

dOY (mm) 0.000 0.000 0.000 0.000 

dOZ (mm) 0.306 0.270  /  -11.8% 0.302  /  -1.3% 0.278  /  -9.2% 

α (deg) 0.025 0.023  /  -8.0% 0.024  /  -4.0% 0.023  /  -8.0% 

These results show more rigid behaviour of the ring for the steel and bonded 
models, as lower displacements are obtained in the X direction (𝑠𝑠𝑂𝑂𝑋𝑋) on the blade 
side, especially for the Steel Bonded model. On the hub side, the bonded connection 
implies more rigid behaviour, but the blade material change shows a small 
increase in the displacements in the X direction, although these are negligible. 
The same can be concluded regarding the Z direction displacements (𝑠𝑠𝑂𝑂𝑍𝑍), where 
the differences are minimal. 

The values from the previous table are shown in Figure 3.18 after magnifying 
the displacements by 100 and the angle variation by 5. 
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Figure 3.18. Magnified displacements and rotations of the selected cirumferences of 

the blade side (up) and hub side (down). 

The deformations can be distinguished from the displacements with these 

results. The deformed shapes are plotted to compare and analyse how the rings 

are deformed in each case, before (blade side) and after (hub side) the bearing. 

Due to the small deformations compared to the displacements and the geometry 
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sizing, the deformed shapes in the following figures are magnified (103 times) 

and plotted together with the Base Circumference for each case. 

Figure 3.19 shows the deformed shape of the bearing at the blade side from a 

top view of the plane obtained after adjusting the Base Circumference for each case. 

Figure 3.20 shows the same deformed shapes at the hub side. From both figures, 

it can be deduced that the effect of the bolt modelling or changing the blade 

material is negligible when it comes to in-plane deformations. 

 

Figure 3.19. In-plane deformations of the blade side circumferences for extreme loads. 
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Figure 3.20. In-plane deformations of the hub side circumferences for extreme loads. 

Figure 3.21 shows the out-of-plane deformations of the blade side 

circumference. The first conclusion is drawn from the significant discrepancy 

between the Composite Frictional reference model and the cases with the steel 

blade model (in orange). The Composite Bonded model, however, shows smaller 

differences from the reference model for half of the circumference. This is an 

indication of a possible cause, which is discussed below. 
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Figure 3.21. Out-of-plane deformations of the blade side circumferences for extreme 

loads. 

 

Figure 3.22. Out-of-plane deformations of the hub side circumferences for extreme 

loads. 

Figure 3.22, on the other hand, shows the out-of-plane deformations of the 

hub side circumference, where in fact, the same conclusions can be drawn 

regarding the effect of the blade material and bolted connection modelling 

changes. However, the discrepancy on the hub side is not as high as on the blade 

side. Given that the hub is made of steel, more rigid boundaries imply a more 

uniform load distribution, similar to the bonded connection, reducing the impact 

of the bolted connection modelling technique used. 
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Regarding the high discrepancy seen in Figure 3.21, it was known that the 
joints between elements could show an opening in the tensioned areas (see Figure 
3.27, extracted from the performed analyses to obtain the bearing stiffness as in 
[10]), and this could show more flexible behaviour than expected in the obtained 
results.  

 

Figure 3.23. Deformations of an FE analysis showing an opening at the interfaces of 
the components when they are subjected to tension. 

Taking account that the 0° ball is aligned with the X-axis of the assembly 
model (see Figure 3.3), Figure 3.27 is representative of the section located at 180° 
of the assembly model, a section where the observed mismatch between the 
circumferences is subjected to tension, implying that there could be an opening 
between the components. Figure 3.28 shows the contact status at each of the faces 
that contain the Base Circumferences. The yellow areas of the image indicate a 
gap, whereas the orange areas indicate sliding between components and the red 
areas indicate stick regions.  

However, since FEM analyses are performed by applying the loads gradually 
(substeps), it was possible to analyse the load distribution and deformations for 
50% of the extreme loads, where no sliding between components was 
appreciated. 
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Figure 3.24. Stick (red), sliding (orange) and non-contact/sticking (yellow) status at the 

faces containing the Base Circumferences of the analysis under extreme loads for the 
composite blade model (up) and the steel blade model (down). 

Figure 3.25 and Figure 3.26 show the out-of-plane deformations for these 
reduced acting loads. In this case, it can be said that for lower loads, the Composite 
Bonded and Steel Bonded models show similar deformations to their 
corresponding frictional models, concluding that the effect of the bolted 
connection is negligible on both the blade and hub side. 
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Figure 3.25. Out-of-plane deformations of the blade side circumferences for half of the 

extreme loads applied. 

 

Figure 3.26. Out-of-plane deformations of the blade side circumferences for half of the 

extreme loads applied. 

When it comes to analysing the obtained load distribution in the ball-raceway 

contacts, Figure 3.27 shows the results for both the upper and lower rows. The 

load distribution shows the most loaded diagonal for each ball position, for the 

extreme load case.  

The load distribution results also indicate how the forces are distributed while 

passing from the inner ring to the outer ring (or from the blade to the hub), as 

well as the most loaded balls. In addition to this, Figure 3.28 shows the contact 

angles obtained for each of the most loaded contacts for the upper and lower 

races. 
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Both of these results emphasize the similarities between the bonded and 

frictional contact cases for both composite and steel blades. The observed minor 

discrepancies coincide again around 180° for being the tension side, as well as 

being further from the fixed support.  

 

Figure 3.27. Load distribution (most loaded contact diagonal) for the upper and lower 

race of the bearing under extreme loads. 
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Figure 3.28. Contact angles at the most loaded contact diagonal, for the upper and 

lower race of the bearing under extreme loads. 

Figure 3.29 and Figure 3.30 show the same results for the same load step 

analysed before, when 50% of the acting loads were applied. These results 

reaffirm that the difference between the frictional and bonded models is 

negligible as long as the bolted joints do not open or slide. As a result, it can be 

concluded that bolt modelling (and their preload) is not required under non 

extreme loading conditions, in the preliminary design stage analysis of slewing 

bearings. Yet, significant differences can be seen when comparing the results for the 

steel blade and composite blade. 
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Figure 3.29. Load distribution (most loaded contact diagonal) for the upper and lower 

race of the bearing under non-extreme loads. 
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Figure 3.30. Contact angles at the most loaded contact diagonal, for the upper and 

lower race of the bearing under non-extreme loads. 

The relationship between contact loads and contact angles could shed more 

light on the results. To properly analyse this relationship, the most loaded 

contacts on each race in both the traction and compression zones are chosen (see 

Figure 3.31). 
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Figure 3.31. Most loaded ball-raceway contact location for each race on each of the 

tension/compression zones. 

The top image in Figure 3.32 shows the ball-raceway contact load and contact 
angle relationship on the tension side for the upper row, where the frictional 
models present lower contact loads than their corresponding bonded models. 
With non-rigid contacts between components, the frictional models allow for 
more displacement and deformations, as was shown in previous results. This 
results in a deformed ring, which ends up with higher contact angles for the same 
contact loads. The same criteria can be applied when comparing the composite 
blade and steel blade modes, where in previous results the steel blade models 
shows less ring deformations. With stiffer rings, the lower race contact diagonal 
supports most of the transmitted loads, contrary to the composite model (see the 
lower image of Figure 3.32). 

It must be noted that being the tension side area, it can be seen how the sliding 
affects the evolution of the contact loads and angles. The Steel Frictional results of 
the lower race clearly indicate where joint sliding is occurring, when compared 
with the Steel Bonded results, where a contact load evolution change can be seen. 
After losing part of the transmitted forces, the rings become more flexible, so the 
curve lowers the contact load increase, approaching the Composite Frictional 
results. Almost the beginning of this can be seen for the upper race of the 
Composite Frictional results, where a less slippage between components could be 
seen in Figure 3.24, so higher loads are required to begin changing its behaviour. 

Most loaded 
contact diagonals 
of the tension side

Most loaded contact 
diagonals of the 

compression side
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Figure 3.32. Ball-raceway contact load and contact angle relationship on the tension 

side for the upper row (up) and lower row (down). 

Regarding the compression side results (Figure 3.33), there is no sliding 

between components in this region so no change in the evolution of the contact 

loads and contact angles is seen. Furthermore, the opposite of the tension side 

can be concluded. 

On the upper race of the compression side, the steel blade models show the 

greatest contact loads compared to the composite blade models, as well as the 

bonded models compared to the frictional models. However, the major changes 

come from the material change, which varies the contact load and contact angle 

evolution. On the lower race, on the other hand, the behaviour between the 

models is very similar.  
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Figure 3.33. Ball-raceway contact load and contact angle relationship in the 

compression side for the upper race (up) and lower race (down). 

Whatever the case, after reviewing all of these results, the conclusion can be 

drawn that the effect of the blade material is significant. Meanwhile, as long as 

no extreme loads are applied to the blade, the different bolted connections 

modelling techniques do not show a significant difference between the models. 

As a result, it can be concluded that these can be simplified by bonded connections 

in such cases in simulations for the early design stages, but bolted connections 

need to be modelled for precise results. 

3.4.2 Three springs models 

Again, to analyse the local ring deformations, the global displacements of the 

rings are subtracted for the models that replace the bearing with the three non-
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linear springs. The rotation (𝛼𝛼) and the displacements (𝑠𝑠𝑂𝑂𝑋𝑋, 𝑠𝑠𝑂𝑂𝑌𝑌 and 𝑠𝑠𝑂𝑂𝑍𝑍) of the 
centres are indicated in Table 3.3. Additionally, the mean value of the results 
between the blade and the hub has been added this time, intended to represent 
the bearing centre displacements, for a better comparison between each of the 
models. 

Table 3.3. Displacements of the reference circumference centres after the blade. 

  
Comp. 

Frictional 

3 S. MPC 
Comp. 

Frictional 

3 S. RBE3 
Comp. 

Frictional 

Comp. 
Bonded 

3 S. MPC 
Comp. 

Bonded 

3 S. RBE3 
Comp. 

Bonded 

Bl
ad

e 
si

de
 

dOX (mm) -1.613 
-0.355 
-78.0% 

-0.346 
-78.5% 

-1.547 
-0.324 
-79.0% 

-0.310 
-80.0% 

dOY (mm) 0.000 0.000 0.000 0.000 0.000 0.000 

dOZ (mm) 0.458 
0.055 

-88.0% 
-0.133 

-129.0% 
0.500 

0.064 
-87.2% 

0.067 
-86.6% 

α (deg) 0.067 
0.038 

-43.3% 
0.041 

-38.8% 
0.066 

0.037 
-43.9% 

0.060 
-9.1% 

H
ub

 s
id

e 

dOX (mm) -1.286 
-0.578 
-55.1% 

-0.770 
-40.1% 

-1.277 
-0.539 
-57.8% 

-0.597 
-53.2% 

dOY (mm) 0.000 0.000 0.000 0.000 0.000 0.000 

dOZ (mm) 0.306 
0.014 

-95.4% 
0.112 

-63.4% 
0.270 

0.023 
-91.5% 

0.011 
-95.9% 

α (deg) 0.025 
0.017 

-32.0% 
0.023 
-8.0% 

0.023 
0.015 

-34.8% 
0.016 

-30.4% 

The values from the previous table are shown in Figure 3.34 after magnifying 
the displacements by 100 and the angle variation by 5. 
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Figure 3.34. Magnified displacements and rotations of the selected circumferences of 

the blade side (up) and hub side (down) for the three springs assembly model. 

These results show more rigid behaviour of the ring when the bearings are 

replaced, as lower displacements are obtained in the X direction (𝑑𝑂𝑋) on both 

the blade and hub side for all the models, compared to the reference models, 

Composite Bonded and Composite Frictional. The same can be concluded regarding 

the 𝑍 direction displacements (𝑑𝑂𝑍) and angle variations (𝛼).  
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Again, the deformed shapes are magnified (103 times) and plotted together 

with the Base Circumference for each case. Figure 3.35 shows the in-plane 

deformed shape of the bearing at the blade side from a top view of the obtained 

planes. Figure 3.36 shows the same deformed shapes at the hub side. 

Analysing the results obtained for the in-plane deformations on the blade 

side, it can be said that replacing the bearing with three springs yields different 

results compared with the reference Composite Frictional model. Both MPC and 

RBE3 elements transmit the load uniformly, so it results in a circular deformed 

shape. 

 

Figure 3.35. In-plane deformations of the blade side circumferences after replacing the 

bearing with three springs. 
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Figure 3.36. In-plane deformations of the hub side circumferences after replacing the 

bearing with three springs. 

However, analysing the results obtained for the in-plane deformations on the 

hub side, Figure 3.36 shows that the in-plane deformations are related to the 

stiffness of the hub on each angular coordinate. Once more, it can be said that 

replacing the bearing with three springs yields different results compared with 

the reference Composite Frictional model for the same reason as before. 

The out-of-plane deformations of both the blade side (Figure 3.37) and the 

hub side (Figure 3.38) confirm the previous statement. Clearer results are yielded 

this time, showing that the models that include MPC elements have no 

deformations on the selected circumferences, as these elements are infinitely 

rigid. All of these results also shed light on the impact of the shape of the 

deformations, where even if flexible elements are used to model the boundaries 

or the linkages between components, how the loads are transmitted through the 

components may affect more than their stiffness. 
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Figure 3.37. Out-of-plane deformations of the blade side circumferences. 

 

 

Figure 3.38. Out-of-plane deformations of the hub side circumferences. 

3.5 Correct implementation of Daidié’s mechanism 

to avoid undesired residual forces 

As stated above, the flexibility of the rings significantly affects the load 

distribution and consequently affects the load-carrying capacity of the bearing 

[74][165]. Therefore, the high-precision simulations required to validate these 

components require the flexibility of the rings to be characterised. Accordingly, 

FEM is the primary tool currently used to simulate orientation guidance systems 
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with slewing bearings, which, however, can be expensive. Proper 
characterisation of the complete bearing usually requires models with a high 
number of degrees of freedom, required to faithfully simulate the behaviour of 
all the involved ball-raceway contacts. 

The Daidié’s mechanism used in the previous models allows for a drastic 
reduction in the total number of degrees of freedom of the model. The 
mechanism not only avoids the cost inherent in the meshing of the balls but also 
the refinement of the raceways, necessary for the correct characterization of the 
contacts [18,66]. Despite all these advantages, Daidié’s mechanism is known to 
have limitations when the bearing experiences radial displacement, which has 
not been studied or quantified. The following section not only studies and 
quantifies these constraints, but also proposes strategies to effectively mitigate 
them. 

3.5.1 Problem description 

In a real bearing, the balls do not transmit any force outside the plane 
containing the ball-raceway contacts. However, when Daidié’s mechanism is 
used for the simulation of these contacts, the mechanism elements may move out 
of their original radial plane. This involves transmitting the loads out of the 
plane, with a force component in the circumferential direction that does not 
represent reality. 

Figure 3.39 shows the radial displacement of the inner ring modelled with 
Daidié's mechanism, showing how the springs are loaded (extended) after 
leaving their original radial plane, introducing the unwanted circumferential 
forces mentioned above. As a reminder, the compressed (shortened) springs do 
not transmit any load, as Daidié’s mechanism uses tension-only springs. 

These unwanted circumferential forces introduce some errors in load 
distribution and radial load-carrying capacity. The latter is defined based on the 
most loaded contact point. The residual forces introduced by Daidié’s 
mechanism can reduce the load on the most loaded ball and, when simulating a 
case such as that shown in Figure 3.39, the maximum load obtained could be less 
than the real one. Incorrect load distribution would result in inaccurate stiffness 
results for the bearing. In particular, the bearing would show greater radial 
stiffness, as shown in Figure 3.39, as the springs align with the radial load. 
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Although this effect is already known [12], no research work in literature 
quantifies the inherent limitations. 

 
Figure 3.39. Graphical representation of the out-of-plane displacement of the springs 

of Daidié’s mechanism. 

To analyse the error introduced by Daidié’s mechanism, the same as the one 
used for the blade-bearing-hub assembly has been used, modelled with FE and 
replacing the balls with the mechanism, as shown above in Figure 3.5, together 
with the model mesh. In this case, instead of modelling the whole assembly, two 
rigid flanges have been used to allow the opening or the sliding of the joint and 
make the results independent from the flexibility of the adjacent structures. These 
flanges are joined to the bearing rings using bolted connections, which are 
modelled with beams and pretension elements, and a rigidly connected remote 
point to apply the external displacement to the inner bearing. Thus, a fixed 
boundary condition is imposed on the opposing flange face that connects to the 
bearing outer ring. Just as in the previous assembly model, only half of the 
bearing has been modelled, taking advantage of the symmetry of the geometry, 
the boundary conditions and the loads. 

The FE model described above has been used to study the load distribution 
for three pure displacement cases, i.e. axial, radial and tilting. The results confirm 
that Daidié’s mechanism remains on the unaltered radial plane in the case of axial 
and tilting displacements. Hence, no forces are exerted on the springs in the 
circumferential direction in either case and it is confirmed that the mechanism 
operates flawlessly. Thus, no results for these cases are shown. 

Loaded spring
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Unloaded spring
(compression)

Loaded spring
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misalingment
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Figure 3.40 shows the results for the load distribution under pure radial 
displacement, which corresponds to a radial force significantly lower than the 
load rating of the bearing, which is common in normal operating conditions. 
Figure 3.40 shows that the maximum residual force occurs between 50° and 60° 
of the angular position of the balls, reaching a 7% of the maximum contact load. 
The maximum misalignment of the springs occurs at 90°, as anticipated in Figure 
3.39. It causes a deviation of 7° with respect to the original plane containing the 
springs, which is approximately three times the contact angle variation obtained. 
Moreover, in the two graphs in Figure 3.40, it can be seen that some springs are 
loaded beyond 90°. This is not consistent with a real bearing under pure radial 
displacement, as these balls would have lost contact with the raceways. 

 
Figure 3.40. Load distribution and spring angles for radial load case of Daidié’s 

mechanism. 

All of this shows that Daidié’s mechanism can yield inaccurate load 
distribution results. However, even if the residual forces and the misalignments 
of the springs have been quantified, this is not enough to assess the true impact 
on the load distribution or bearing stiffness. Accordingly, an improvement that 
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avoids the above limitations so that the results can be compared with those 
presented in this section is presented below. 

3.5.2 Improvement on Daidié’s mechanism implementation 

Two methods are proposed below to correctly implement Daidié’s 
mechanism and overcome the previous limitations: 

• The first method prevents the mechanism from leaving the original radial 
plane, thereby avoiding the source of the problem. This method relies on 
not embedding the rigid beams of the mechanism in the contact surfaces 
(see Figure 3.5 and Figure 3.39). Instead, only the DoFs corresponding to 
the motion within the radial plane are coupled, which means the axial and 
radial displacements and the in-plane rotation. As a result, the model 
contains two overlapping nodes for each rigid link, one from the raceway 
and one from the beam. Each node has its own 6 DoF, and only the 
aforementioned DoF are coupled between them (see Figure 3.41). The 
remaining DoF related to the out-of-plane displacements and rotations are 
decoupled from the movement of the inner ring (displaced one) and 
instead are embedded in the outer ring (fixed one). This prevents the 
nodes from leaving the original plane, avoiding any rigid solid motion. 

 
Figure 3.41. Implementation of Daidié’s mechanism in FE model. 

It could be argued that the implementation of the new mechanism transmits 
forces even if the contact faces are not directly opposed. This may result in 
errors, as the same ball cannot be in contact with both faces simultaneously 
once they are displaced. Note that the bearing is being studied under static 
load in a stationary condition and the relative misalignments between the 
rings are significantly smaller than the size of the rolling element. 

Nodes sharing DoF Overlapping
duplicated nodes
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Consequently, this hypothetical source of error can be disregarded, as 
indicated in the results section. 

• Another approach to address the limitations of Daidié’s mechanism 
limitations is implementing it in an analytical model. This way, the 
mechanism would define the elastic behaviour of the contact and the 
flexibility of the rings could be taken into account using stiffness matrices. 
Zupan and Prebil [165] proposed this procedure initially, with Olave et al 
[74] following it. Later, Heras et al. [12] would propose a similar method 
based on minimising potential energy. This work also mentioned the 
limitations of Daidié’s mechanism. The analytical procedure only focuses 
on the DoF in the radial plane of each mechanism, therefore the out-of-
plane motions are not considered. The latter work proposes to use the 
superelement technique with an FE model to compute the stiffness matrix 
of the rings, reducing the elastic behaviour of the rings to the centres of 
the raceways. While this second proposal does not introduce a new 
approach, it has been included to complete the analysis of the problem and 
available solutions, in addition to comparing this alternative to the first 
one. 

The second approach allows for much faster simulations, even when the 
stiffness matrices are calculated using a sector FE model, as suggested in [12]. 
Despite this, the procedure has one main drawback: to calculate the stiffness 
matrices of the rings, linear elastic behaviour of the rings and the boundary 
conditions must be assumed. However, there are certain cases, as the one 
examined in previous sections involving a bolted joint with frictional contact, 
which cannot be modelled directly. Instead, these must be linearised by using 
simplifications such as bonded connections, but this may lead to inaccuracies. 

Finally, this procedure is more challenging to formulate and code than an FE 
analysis, and while it is clearly advantageous in the long run, it is more expensive 
to implement in a standard design workflow. 

3.5.3 Simulations results 

Here the load distribution and radial stiffness results presented above are 
compared with those obtained using the method proposed in the previous 
section, to assess and quantify the limitations of the original Daidié’s mechanism. 
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However, in this case, the second method proposed in the previous section is not 
applicable to this case of study, given that the bolted connection is not linear. 

Figure 3.42 shows the results for the original implementation of the 
mechanism (Figure 3.41a) represented by dots, while those obtained from the 
proposed method (Figure 3.41b) are represented by lines. This figure shows how 
the springs of the new implementation are no longer loaded from 90° onwards. 

 
Figure 3.42. Load distribution under applied radial force with the corrected Daidié’s 

mechanism (new). 

Figure 3.42a shows how there is a discrepancy from 50° onwards between the 
old and new contact loads, with this difference increasing until it reaches its 
maximum at 90°. However, this corresponds to the least loaded balls, while the 
loads do not vary significantly for the most loaded ones (from 0° to 50°). Given 
that the load-carrying capacity of the bearing relies on the most loaded rolling 
element, the corrected implementation of Daidié’s mechanism does not provide 
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any advantage in this respect. Moreover, focusing on the contact angle 
distribution results (Figure 3.42b), the identified differences are also minimal. 

On the other hand, significant differences can be seen in the radial stiffness 
curves shown in Figure 3.43. As expected, the stiffness of the bearing with the 
original implementation of Daidié’s mechanism is greater. In this case, the 
discrepancy is up to 5% before the flange slips (vertical dotted line), which 
increases up to 7% at higher radial displacements. It can be seen how from the 
point where the slippage occurs, the stiffness behaviour is no longer linear. 

 

Figure 3.43. Radial stiffness curves. 

3.6 Conclusions and additional remarks 
After carrying out several studies to improve the modelling of slewing 

bearings, both on their own and for blade-bearing-hub assemblies, different 
aspects of the methodology to be followed have been clarified, allowing the 
structural analyst to select more accurate but slow, or faster but inaccurate 
modelling techniques, aware of the trade-offs involved. A summary of the 
conclusions obtained from the work are summarised below: 

• It is concluded that, although using the Daidié mechanism results in some 
inaccuracies when calculating the load distribution in four-point contact 
bearings, it only affects the least loaded part of the bearing contacts. 
Therefore, its impact on the load-carrying capacity is negligible. However, 
its effect on the stiffness of the bearing is relevant, as it increases the radial 
stiffness. More specifically, for a wind turbine blade bearing, the study 
reveals that the radial stiffness can be increased by up to 5% before the 
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joint slides. In fact, this difference increases once the joint starts to slide. 
Consequently, it is found that the limitations of Daidié’s mechanism are 
marginal to some extent; nevertheless, they cannot be neglected if a precise 
estimation of the radial stiffness is required. In addition, two alternatives 
for implementing the mechanism properly are presented, which avoid 
these limitations in both FE and analytical models. 

• Since the friction torque is primarily influenced by the less loaded balls, 
the new Daidié’s mechanism implementation provides a direct 
improvement to the friction torque calculation. To achieve this, an FE 
model combined with the new implementation is used to solve the load 
distribution problem. Subsequently, an analytical model, such as the one 
used in the current thesis, can be used to solve the friction torque problem. 

• It is concluded that the effect of modelling the bolted joints and their 
corresponding preload with simplification techniques, such as using rigid 
joints between components, is negligible as far as displacements and 
deformations are concerned. However, the load distribution can be 
affected in cases where the bearing is being analysed under extreme loads. 
These conclusions are significant in that the modelling and calculation 
time is reduced during the early design stages, with these components not 
needing to be modelled until the more advanced stages for more precise 
analyses. 

• It has been seen that replacing the blade material with steel affects both 
the load distribution and the displacements and deformations. Therefore, 
it has been verified that it is important to use real blade materials for the 
analyses and experimental tests. 

• Bearing simplification techniques have been studied by replacing the 
bearing with three springs to represent its stiffness. This type of 
simplification does not represent the true effects of how loads are 
transmitted and the resulting global displacements and deformations. 
This is significant because, in dynamic analyses of bladed wind turbine 
models, it is common practice to replace the bearing for its stiffness 
matrices. For these analyses, this simplification may be required due to the 
large number of elements to be modelled and the computational cost 
involved. However, it has been shown that the manner in which the loads 
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are transmitted from the blade through the bearing does not represent 
reality with these types of modelling techniques, leading to results in the 
regions adjacent to the bearing that are not completely reliable. Although 
these techniques are appropriate for global models focusing on the 
dynamic analysis of the whole turbine, they are not suitable for more local 
analyses such as the blade-bearing-hub assembly studied in this thesis. 
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4 An engineering approach for 
the friction torque calculation  

4.1 Introduction 
Slewing bearings are commonly used for orientation purposes in many 

applications, like in tower cranes or wind turbine generators. In these cases, 
having a tool to predict the friction torque becomes essential for assessing bearing 
performance and reliability, as well as for correctly sizing the drive system. In 
addition, the friction torque can be used as a quality control indicator: a big 
difference from the reference value may indicate problems during 
manufacturing or the assembly process. 

Therefore, as described in Chapter 1 and according to the aforementioned 
state-of-the-art approaches, complex models are required to obtain reliable 
results of the friction torque as a function of external loads. In Chapter 2, it was 
shown how these models can provide more accurate results than the NREL 
formula [49], i.e. implementing the preload scatter in the analytical model from 
Joshi et al. [124]. However, these require more effort when it comes to their 
practical implementation. In the literature, there are no methods by which to 
assess the friction torque for these bearings that is both accurate (as state-of-the-
art methods) and practical (as simple formulae) for potential users. This chapter 
proposes a way to solve this issue, offering an easy-to-use tool in the form of 
friction torque maps. These maps can be useful either for bearing manufacturers 
to determine the manufacturing parameters in order to reach the desired 
frictional behavior and for applications engineers who intend to select the best 
bearing for their application. 

The proposal consists of performing calculations with state-of-the-art models, 
covering all the design space, accordingly creating a sufficiently well populated 
database that could be used to calculate the friction torque for any geometry and 
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load condition by interpolation. Nonetheless, a major challenge arises with the 
first approach: the high number of parameters involved in the problem. In this 
regard, normalising the friction torque as was done for the external loads with 
respect to the load carrying capacity in [8,20] would allow friction torque results 
to be stored compactly. The more design parameters successfully included in the 
normalisation, the more compact the result set. In this sense, the friction torque 
should be normalised with respect to as many parameters as possible, without 
compromising accuracy. 

According to the described approach, this work proposes a normalised 
expression for the friction torque so that it turns out to be independent of bearing 
macrogeometry (ball size, pitch diameter and number of balls) and a coefficient 
of friction adopted to represent the actual mixed lubrication regime, as originally 
assumed by Jones in [120] (which is fairly acceptable for low-speed applications). 
Thus, the normalised friction torque proposed in this work only depends on six 
variables. On the one hand, the bearing microgeometry, which is given by three 
parameters: the osculation ratio, the initial contact angle, and the preload of the 
balls (ball-raceway geometrical interference). On the other hand, an external load 
system, defined by the axial load, the radial load and a tilting moment aligned 
with the radial load, all of them normalised with respect to the axial load 
capacity, which makes the approach consistent with previous research works 
[8,20]. Many simulations are performed, considering multiple combinations of 
the microgeometrical parameters and normalised loads, defined on the basis of a 
well-founded Design of Experiments (DoE). Rigid rings are assumed for the 
simulations, since ring deformations depend on the flexibility of the surrounding 
structures, which varies from one application to another. The results of the DoE 
are interpolated along the aforementioned six variables and filtered to create 
normalised friction torque maps. These friction torque maps represent the main 
contribution of this research work along with the very definition of the 
normalised friction torque. The maps can serve as a practical tool to estimate the 
friction torque of any four-point contact slewing bearing in early design stages; 
something that is useful for both bearing customers and manufacturers. The 
practical focus of the approach also means that is can be implemented in 
standards or in design guidelines. Moreover, the database the friction torque 
maps are based on can be also used and specifically interpolated to develop 
computer applications, so that the friction torque calculation is automatic. 
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4.2 Methodology 
The purpose of the work in this section is to obtain normalised friction torque 

maps and, in order to do so, a large number of simulations are required. In this 
work, the approach by Joshi et al. is used [124] as a reference to calculate the 
friction torque along with the modification of the initial kinematics proposed by 
Heras [25] to systematically ensure the convergence of the model. This allows the 
load distribution problem to be decoupled from the friction torque problem.  

Accordingly, the first step is to solve the load distribution problem for all the 
combinations of the geometrical parameters and external loads. In order to do 
this, the analytical approach proposed by Aguirrebeitia et al. [8,20] is used, 
established on the basis of contact geometrical interferences, while rigid rings are 
assumed (see Section 4.2.1). This approach normalises external loads with respect 
to load-carrying capacity. The normalisation includes the ball size, the pitch 
diameter of the ball set and the number of balls. This way, the load distribution 
is assessed only for various combinations of three microgeometrical parameters 
(preload level, osculation ratio and initial contact angle).  

Subsequently, the friction torque is computed for these load distributions. 
However, the purpose of this work is to provide a streamlined approach to 
estimate the friction torque under specific load combinations and for any bearing 
design. To this end, the possibility of normalising the friction torque with respect 
to the same normalising parameters used in the previous step is proposed and 
verified (see Section 4.2.2). Reducing geometrical parameters by means of 
normalisation considerably reduces the amount of simulations, and thus, the 
computational cost. 

Finally, the procedure to validate the normalisation and the interpolated 
results together with the generation of the friction torque maps is further detailed 
in Section 4.2.3, where the authors aim to give the reader an overview of the 
workflow. 

4.2.1 Load distribution problem 

Aguirrebeitia et al. [8,20] presented a geometrical interference based ball-
raceway load distribution model. In that model the external loads were 
normalised with respect to the axial load-carrying capacity (𝐶𝐶0𝑎𝑎) of the bearing. 
This approach allowed for the removal of the ball diameter (𝑆𝑆𝑝𝑝 ), the pitch 
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diameter of the bearing (𝑆𝑆𝑝𝑝𝑝𝑝 ) and the number of balls (𝑍𝑍 ) from the force 
equilibrium equations for the case in which 𝑆𝑆𝑝𝑝𝑝𝑝 ≫ 𝑆𝑆𝑝𝑝 . Thus, the bearing was 
defined by the initial contact angle (𝛼𝛼0), osculation ratio (s) and preload level (𝐷𝐷). 
The preload level was defined as the ratio between the initial ball-raceway 
interference (𝛿𝛿𝑝𝑝) and the deformation limit (𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚) of the ball, set out as: 

 𝐷𝐷 = 𝛿𝛿𝑝𝑝/𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚 (4.1) 

 𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚 = 0.005465 (1 − 𝑠𝑠)−0.182 𝑆𝑆𝑝𝑝 (4.2) 

Where 𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚  is defined as the ball-raceway maximum contact deformation that 
depends on the ball size and the osculation ratio, to reach a maximum contact 
pressure of 4200 MPa [45]. This simplified expression was derived from by 
Houpert’s work [60] for the case of balls and raceways made of steel 
(𝐹𝐹 = 200 GPa) and osculation ratios (𝑠𝑠) ranging from 0.886 to 0.992. It should be 
noted that the ball-raceway contact deformation refers to the sum of the 
deformations in the two contact zones between the ball and the two raceways. 

According to [8,20], the load distribution problem could be normalised via 
three macrogeometric “normalising parameters” (𝑆𝑆𝑝𝑝, 𝑆𝑆𝑝𝑝𝑝𝑝 and 𝑍𝑍), and remained 
dependent on another three microgeometric “non-normalising parameters” (𝐷𝐷, 𝑠𝑠 
and 𝛼𝛼0). In this work, the load distribution problem is solved using the model 
developed by Aguirrebeitia outlined in Figure 4.1, where the normalised axial 
(𝛿𝛿𝑎𝑎/𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚), radial (𝛿𝛿𝑟𝑟/𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚) and angular (𝛿𝛿𝜃𝜃/𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚) displacements, together with the 
non-normalising parameters, are inputs of the load distribution problem, as 
outlined in Table 4.1. 
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Figure 4.1. Geometrical interference model parameters [8]. 

Table 4.1. Inputs of the load distribution problem. 

 Normalised displacements Non-normalising parameters 

 Axial Radial Angular 
Preload 

level 
Osculation 

ratio 
Initial 

contact angle 

Symbol 𝛿𝛿𝑎𝑎𝑖𝑖 =
𝛿𝛿𝑎𝑎
𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚

 𝛿𝛿𝑟𝑟𝑖𝑖 =
𝛿𝛿𝑟𝑟
𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚

 𝛿𝛿𝜃𝜃𝑖𝑖 =
𝛿𝛿𝜃𝜃
𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚

 𝐷𝐷 =
𝛿𝛿𝑝𝑝
𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚

 𝑠𝑠 𝛼𝛼0 

This way, the interference model equations are as follows: 

 𝛥𝛥𝑎𝑎𝑖𝑖 ≡
𝛥𝛥𝑎𝑎
𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚

= �182.98
(1 − 𝑠𝑠)1.182

𝑠𝑠 �𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼0 (4.3) 

 𝛥𝛥𝑟𝑟𝑖𝑖 ≡
𝛥𝛥𝑟𝑟
𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚

= �182.98
(1 − 𝑠𝑠)1.182

𝑠𝑠 �𝑐𝑐𝑛𝑛𝑠𝑠 𝛼𝛼0 (4.4) 

 
𝛿𝛿1,𝜓𝜓

𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚
= ��𝛥𝛥𝑎𝑎𝑖𝑖 + 𝐷𝐷 𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼0 + 𝛿𝛿𝑎𝑎𝑖𝑖 + 𝛿𝛿𝜃𝜃𝑖𝑖 𝑐𝑐𝑛𝑛𝑠𝑠 𝜓𝜓�

2 + (𝛥𝛥𝑟𝑟𝑖𝑖 + 𝐷𝐷 𝑐𝑐𝑛𝑛𝑠𝑠 𝛼𝛼0 + 𝛿𝛿𝑟𝑟𝑖𝑖 𝑐𝑐𝑛𝑛𝑠𝑠 𝜓𝜓)2

−�(𝛥𝛥𝑎𝑎𝑖𝑖 + 𝛥𝛥𝑟𝑟𝑖𝑖 )2
 (4.5) 

c1

α0

α0

α1

α2

Δr

Δa

δa

δa

δr

δr

δθ

δθ

c2

δp

δp

RC = Dw / 2s

Dpw

Dw
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𝛿𝛿2,𝜓𝜓

𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚
= ��𝛥𝛥𝑎𝑎𝑖𝑖 + 𝐷𝐷 𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼0 − 𝛿𝛿𝑎𝑎𝑖𝑖 − 𝛿𝛿𝜃𝜃𝑖𝑖 𝑐𝑐𝑛𝑛𝑠𝑠 𝜓𝜓�

2 + (𝛥𝛥𝑟𝑟𝑖𝑖 + 𝐷𝐷 𝑐𝑐𝑛𝑛𝑠𝑠 𝛼𝛼0 + 𝛿𝛿𝑟𝑟𝑖𝑖 𝑐𝑐𝑛𝑛𝑠𝑠 𝜓𝜓)2

−�(𝛥𝛥𝑎𝑎𝑖𝑖 + 𝛥𝛥𝑟𝑟𝑖𝑖 )2
 (4.6) 

 𝛼𝛼1,𝜓𝜓 = 𝑎𝑎𝑎𝑎𝑎𝑎𝑛𝑛 �
𝛥𝛥𝑎𝑎𝑖𝑖 + 𝐷𝐷 𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼0 + 𝛿𝛿𝑎𝑎𝑖𝑖 + 𝛿𝛿𝜃𝜃𝑖𝑖 𝑐𝑐𝑛𝑛𝑠𝑠 𝜓𝜓
𝛥𝛥𝑟𝑟𝑖𝑖 + 𝐷𝐷 𝑐𝑐𝑛𝑛𝑠𝑠 𝛼𝛼0 + 𝛿𝛿𝑟𝑟𝑖𝑖 𝑐𝑐𝑛𝑛𝑠𝑠 𝜓𝜓

� (4.7) 

 𝛼𝛼2,𝜓𝜓 = 𝑎𝑎𝑎𝑎𝑎𝑎𝑛𝑛 �
𝛥𝛥𝑎𝑎𝑖𝑖 + 𝐷𝐷 𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼0 + 𝛿𝛿𝑎𝑎𝑖𝑖 + 𝛿𝛿𝜃𝜃𝑖𝑖 𝑐𝑐𝑛𝑛𝑠𝑠 𝜓𝜓
𝛥𝛥𝑟𝑟𝑖𝑖 + 𝐷𝐷 𝑐𝑐𝑛𝑛𝑠𝑠 𝛼𝛼0 + 𝛿𝛿𝑟𝑟𝑖𝑖 𝑐𝑐𝑛𝑛𝑠𝑠 𝜓𝜓

� (4.8) 

Where 𝛥𝛥𝑎𝑎 and 𝛥𝛥𝑟𝑟 are the initial axial and radial distances between raceway 
curvature centres, and 𝛿𝛿𝑖𝑖,𝜓𝜓 and 𝛼𝛼2,𝜓𝜓 are, the contact deformation and the contact 
angle, respectively, on contact diagonal 𝑖𝑖 for a ball located in azimuthal position 
𝜓𝜓, as shown in Figure 4.1. The axial load-carrying capacity used in the work 
performed by Aguirrebeitia was defined as the axial load for which the ball-
raceway contact pressure reached 4200 MPa, considering that the contact angle 
varies with the external load. However, in this work, the axial load-carrying 
capacity is conveniently defined as in ISO-76 [45], for which the contact angle 
does not vary with axial load. This leads to equations similar to those presented 
by Aguirrebeitia in [8,20]: 

 𝐾𝐾 =
31191.35 𝑆𝑆𝑝𝑝

1/2

(1 − 𝑠𝑠)0.3621  (4.9) 

 𝐶𝐶0𝑎𝑎 = 𝑍𝑍𝐾𝐾𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚
3/2 𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼0 (4.10) 

 𝐹𝐹𝑎𝑎𝑖𝑖 ≡
𝐹𝐹𝑎𝑎
𝐶𝐶0𝑎𝑎

=
1

2𝜋𝜋 𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼0

⎝

⎜
⎜
⎛� �

𝛿𝛿1,𝜓𝜓

𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚
�

3
2

𝛿𝛿+
𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼1,𝜓𝜓 𝑠𝑠𝜓𝜓 −

� �
𝛿𝛿2,𝜓𝜓

𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚
�

3
2

𝛿𝛿+
𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼2,𝜓𝜓 𝑠𝑠𝜓𝜓    

⎠

⎟
⎟
⎞

 (4.11) 

 𝐹𝐹𝑟𝑟𝑖𝑖 ≡
𝐹𝐹𝑟𝑟
𝐶𝐶0𝑎𝑎

=
1

2𝜋𝜋 𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼0

⎝

⎜
⎜
⎛� �

𝛿𝛿1,𝜓𝜓

𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚
�

3
2

𝛿𝛿+
𝑐𝑐𝑛𝑛𝑠𝑠 𝛼𝛼1,𝜓𝜓 𝑐𝑐𝑛𝑛𝑠𝑠 𝜓𝜓𝑠𝑠𝜓𝜓 +

� �
𝛿𝛿2,𝜓𝜓

𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚
�

3
2

𝛿𝛿+
𝑐𝑐𝑛𝑛𝑠𝑠 𝛼𝛼2,𝜓𝜓 𝑐𝑐𝑛𝑛𝑠𝑠𝜓𝜓𝑠𝑠𝜓𝜓    

⎠

⎟
⎟
⎞

 (4.12) 
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 𝑀𝑀𝑖𝑖 ≡
𝑀𝑀

𝑆𝑆𝑝𝑝𝑝𝑝𝐶𝐶0𝑎𝑎
=

1
4𝜋𝜋 𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼0

⎝

⎜
⎜
⎛� �

𝛿𝛿1,𝜓𝜓

𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚
�

3
2

𝛿𝛿+
𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼1,𝜓𝜓 𝑐𝑐𝑛𝑛𝑠𝑠𝜓𝜓 𝑠𝑠𝜓𝜓 −

� �
𝛿𝛿2,𝜓𝜓

𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚
�

3
2

𝛿𝛿+
𝑠𝑠𝑖𝑖𝑛𝑛 𝛼𝛼2,𝜓𝜓 𝑐𝑐𝑛𝑛𝑠𝑠 𝜓𝜓𝑠𝑠𝜓𝜓    

⎠

⎟
⎟
⎞

 (4.13) 

Where 𝐾𝐾 in (4.9) is the coefficient that establishes the nonlinear relationship 
between the load and the contact deformation (again, for steel material properties 
and osculation ratios from 0.886 to 0.992). Table 4.2 shows the outputs of the 
normalised load distribution problem for ball-raceway contact diagonal 𝑖𝑖. The 
ball-raceway contact load is derived from these outputs, which is required to 
arrange the expression of the normalised torque in Section 4.2.2: 

 𝑄𝑄𝑖𝑖,𝜓𝜓 = 𝐾𝐾 �
𝛿𝛿𝑖𝑖,𝜓𝜓
𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚

· 𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚�
3/2 

= 𝐾𝐾𝛿𝛿𝑖𝑖,𝜓𝜓
3/2  (4.14) 

Table 4.2. Outputs of the load distribution problem. 

   Normalised loads 

 Ball contact 
deformations 

Ball contact 
angles 

Axial force Radial force Tilting moment 

Symbol 
𝛿𝛿𝑖𝑖,𝜓𝜓
𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚

 𝛼𝛼𝑖𝑖,𝜓𝜓 𝐹𝐹𝑎𝑎𝑖𝑖 =
𝐹𝐹𝑎𝑎
𝐶𝐶0𝑎𝑎

 𝐹𝐹𝑟𝑟𝑖𝑖 =
𝐹𝐹𝑟𝑟
𝐶𝐶0𝑎𝑎

 𝑀𝑀𝑖𝑖 =
𝑀𝑀

𝑆𝑆𝑝𝑝𝑝𝑝𝐶𝐶0𝑎𝑎
 

At this point, the choice of the axial load-carrying capacity as a normalising 
factor needs to be adequately justified. The main reason is that it is easily 
obtained, since it is always provided in the catalogues, or can even be easily 
calculated by applying the standards [45]. Of course, the dynamic capacity (or 
even the fatigue limit) could also have been used for this purpose, for example, 
but considering the working regime of these components, the static capacity was 
deemed to be more suitable. The point is that, in either case, the approach would 
be equally valid, as long as all these normalising factors represent reasonable 
reference forces. 

4.2.2 Friction torque problem: normalised torque 

The friction torque of the bearing is computed as the sum of the contribution 
of each ball in contact with the raceways. The purpose of here is to normalise the 
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friction torque with at least the same parameters Aguirrebeitia used to normalise 
the load distribution. According to Heras [24], in the case of bearings with 
𝑆𝑆𝑝𝑝𝑝𝑝 ≫ 𝑆𝑆𝑝𝑝 working under quasi-static conditions, and considering full sliding in 
all the ball-raceway contacts, contribution 𝑇𝑇𝑖𝑖 of a ball 𝑖𝑖 to the total friction torque 
can be expressed as: 

 𝑇𝑇𝑖𝑖 =
3𝜇𝜇
2𝜋𝜋

⎝

⎜
⎛𝑄𝑄1,𝑖𝑖 � � 𝜌𝜌�1 − 𝜌𝜌2 𝑐𝑐𝑛𝑛𝑠𝑠 𝛾𝛾1,𝑖𝑖 𝐹𝐹1,𝑖𝑖

𝑎𝑎𝑝𝑝 𝑠𝑠𝜌𝜌𝑠𝑠𝑑𝑑
1

0

2𝜋𝜋

0
+

𝑄𝑄2,𝑖𝑖 � � 𝜌𝜌�1 − 𝜌𝜌2 𝑐𝑐𝑛𝑛𝑠𝑠 𝛾𝛾2,𝑖𝑖 𝐹𝐹2,𝑖𝑖
𝑎𝑎𝑝𝑝𝑠𝑠𝜌𝜌𝑠𝑠𝑑𝑑    

1

0

2𝜋𝜋

0 ⎠

⎟
⎞

 (4.15) 

Where 𝜌𝜌 and 𝑑𝑑 are integration variables of the contact ellipses and, for ball 𝑖𝑖 
and contact point 𝑗𝑗 in the outer ring (𝑗𝑗 = 1,2), 𝑄𝑄𝑗𝑗,𝑖𝑖 is the normal contact load, 𝛾𝛾𝑗𝑗,𝑖𝑖 is 
the angle which defines the direction of the shear stresses determined by the 
relative speeds as it was defined by Leblanc and Nelias [122,123], and 𝐹𝐹𝑗𝑗,𝑖𝑖

𝑎𝑎𝑝𝑝 is the 

distance between the friction force differential application point and the axis of 
the bearing. Expression (4.15) depends on the coefficient of friction 𝜇𝜇, the loads 
on the contact points, and the kinematics of the ball sandwiched between the 
raceways, which depends on parameters 𝐷𝐷, 𝑠𝑠, 𝛼𝛼0, 𝑆𝑆𝑝𝑝𝑝𝑝 and 𝑆𝑆𝑝𝑝 [24,25].  

As far as the coefficient of friction 𝜇𝜇  is concerned, it can be easily 
demonstrated from [123] that the kinematics does not depend on 𝜇𝜇 under quasi-
static motion and full sliding on all the contacts. This means that, under these 
assumptions, 𝑇𝑇𝑖𝑖 is fully proportional to the coefficient of friction 𝜇𝜇, and therefore 
the integrals in (4.15) do not depend on it. 

For the studied case, where 𝑆𝑆𝑝𝑝𝑝𝑝 ≫ 𝑆𝑆𝑝𝑝, the following approximation can be 
further assumed: 

 𝐹𝐹𝑗𝑗,𝑖𝑖
𝑎𝑎𝑝𝑝 =

𝑆𝑆𝑝𝑝𝑝𝑝
2

 (4.16) 

This simplification was not assumed in [24] but, for normalisation purposes, 
it is a very convenient approximation with no appreciable lack of accuracy. Thus, 
substituting this expression in (4.15): 
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 𝑇𝑇𝑖𝑖 =
3𝜇𝜇𝑆𝑆𝑝𝑝𝑝𝑝

4𝜋𝜋

⎝

⎜
⎛𝑄𝑄1,𝑖𝑖 � � 𝜌𝜌�1 − 𝜌𝜌2 𝑐𝑐𝑛𝑛𝑠𝑠 𝛾𝛾1,𝑖𝑖 𝑠𝑠𝜌𝜌𝑠𝑠𝑑𝑑

1

0

2𝜋𝜋

0
+

𝑄𝑄2,𝑖𝑖 � � 𝜌𝜌�1 − 𝜌𝜌2 𝑐𝑐𝑛𝑛𝑠𝑠 𝛾𝛾2,𝑖𝑖 𝑠𝑠𝜌𝜌𝑠𝑠𝑑𝑑     
1

0

2𝜋𝜋

0 ⎠

⎟
⎞

 (4.17) 

Next, the friction torque of the bearing is arranged by the sum of the 
contribution of each ball, which leads to the next expression: 

 𝑇𝑇 =
3𝜇𝜇𝑆𝑆𝑝𝑝𝑝𝑝

4𝜋𝜋
�

⎣
⎢
⎢
⎢
⎡

⎝

⎜
⎛𝑄𝑄1,𝑖𝑖 � � 𝜌𝜌�1 − 𝜌𝜌2 𝑐𝑐𝑛𝑛𝑠𝑠 𝛾𝛾1,𝑖𝑖 𝑠𝑠𝜌𝜌𝑠𝑠𝑑𝑑

1
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 (4.18) 

Substituting the loads with the ball-raceway contact deformations by using 
(4.14): 

 𝑇𝑇 =
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 (4.19) 

The same approach used in the load distribution model 𝛿𝛿𝑠𝑠𝑖𝑖𝑚𝑚 is implemented. 
Also, transforming the summation into an integral dependent on the angular 
position of the balls, the expression becomes independent from the number of 
balls 𝑍𝑍, as in [36] and [8,20] for the internal load distribution by using the concept 
of load distribution integral by Jones and Harris [36]. Thus, the expression 
becomes as follows: 

 𝑇𝑇 =
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Reordering the expression and introducing the axial load-carrying capacity 
(4.10): 
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 (4.21) 

Where 𝑐𝑐𝑛𝑛𝑠𝑠 𝛾𝛾𝑖𝑖,ψ  is still dependent on geometrical parameters that have been 
well defined in other works such as Leblanc and Nelias [122,123]: 

 𝑐𝑐𝑛𝑛𝑠𝑠 𝛾𝛾𝑖𝑖,ψ = 𝑓𝑓(𝑆𝑆𝑝𝑝,𝑆𝑆𝑝𝑝𝑝𝑝 ,𝐷𝐷,𝛼𝛼0, 𝑠𝑠) (4.22) 

4.2.3 Procedure to obtain and validate the friction torque maps 

Expression (4.21) can be understood as a dimensionless normalised friction 
torque, where the effects of some parameters have been completely removed (𝜇𝜇 
and 𝑍𝑍), while the expression is still dependent on parameters 𝐷𝐷, 𝑠𝑠, 𝛼𝛼0, 𝑆𝑆𝑝𝑝𝑝𝑝 and 
𝑆𝑆𝑝𝑝 apart from the external displacement space. In fact, successfully removing the 
effect of 𝐷𝐷, 𝑠𝑠 and 𝛼𝛼0 parameters is a very challenging task, since the term 𝑐𝑐𝑛𝑛𝑠𝑠 𝛾𝛾𝑖𝑖,ψ 

in expressions (4.21) and (4.22) is highly non-linearly dependent on them [25]. 
Nonetheless, a detailed analysis of expression (4.22) reveals that the effect of 𝑆𝑆𝑝𝑝𝑝𝑝 
and 𝑆𝑆𝑝𝑝 could be isolated under certain assumptions. 

In this regard, in Section 4.3 the effect of parameters 𝑆𝑆𝑝𝑝𝑝𝑝  and 𝑆𝑆𝑝𝑝  on the 
obtained normalised friction torque expression (4.21) is studied within the scope 
of slewing bearings. The purpose of this study is to check whether the effect of 
these two parameters is significant or, contrarily, it can be neglected. This is done 
by means of a DoE (defined in Section 4.3.1) that analyses the effect of the 𝑆𝑆𝑝𝑝𝑝𝑝/𝑆𝑆𝑝𝑝 
ratio (see Section 4.3.2). Should this effect be negligible, only the three 
microgeometrical parameters would affect the normalised friction torque, i.e. 𝐷𝐷, 
𝑠𝑠 and 𝛼𝛼0; therefore 𝑆𝑆𝑝𝑝𝑝𝑝 and 𝑆𝑆𝑝𝑝 would become normalising parameters. 

Once the proposed expression of the friction torque is validated in Section 4.3, 
a second DoE is performed in Section 4.4 to obtain the sought friction torque 
maps. These maps will represent the effect of the non-normalising parameters 
and normalised external loads on the normalised friction torque. Prior to 
conducting this DoE (defined in Section 4.4.1), a study is performed to search for 
symmetries and patterns on the displacement space in order to perform a 



Chapter 4. An engineering approach for the friction torque calculation  165 
 

 

computationally cost-effective analysis. The DoE results are interpolated in the 
load space and filtered for each non-normalising parameter combination 
(Section 4.4.2). Subsequently, the obtained interpolated results are compared to 
the calculation model presented by Joshi et al. [124] and the NREL formula [49] 
with validation purposes (Section 4.4.3). The interpolated results are then 
represented by heatmaps called “normalised friction torque maps”, and their use 
is explained in Section 4.5. 

4.3 Validating the normalisation 
This section describes the procedure by which to validate the proposed 

normalisation of the friction torque and thus, the normalising parameters. 

4.3.1 DoE to validate the normalisation 

Hereafter, the effect of parameters 𝑆𝑆𝑝𝑝𝑝𝑝  and 𝑆𝑆𝑝𝑝  on the normalised friction 
torque is quantified and Table 4.3 shows the selection of seven normalised 
displacement cases for this purpose. These cases are selected to cover different 
displacement combination scenarios. 

Table 4.3. Displacement cases of the DoE to validate the normalisation. 

 Displacement case 

 1 2 3 4 5 6 7 

𝜹𝜹𝟎𝟎𝒊𝒊 1 0 0 ½ ½ 0 ⅓ 

𝜹𝜹𝟎𝟎𝒊𝒊 0 1 0 ½ 0 ½ ⅓ 

𝜹𝜹𝜽𝜽𝒊𝒊 0 0 1 0 ½ ½ ⅓ 

The design space defined in [10] is used to evaluate the range of geometries 
for which the normalisation is valid (in terms of 𝑆𝑆𝑝𝑝𝑝𝑝 and 𝑆𝑆𝑝𝑝), which is based on 
catalogues from various slewing bearing manufacturers, with the upper and 
lower limits indicated in Figure 4.2. Several combinations of 𝑆𝑆𝑝𝑝𝑝𝑝  and 𝑆𝑆𝑝𝑝  have 
been grouped around two reference bearings, selected based on their dimensions 
in various applications, such as robotics or medical equipment for small sizes, 
and cranes, wind turbines or space applications for large sizes. 
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Figure 4.2. Selected 𝑆𝑆𝑝𝑝𝑝𝑝 and 𝑆𝑆𝑝𝑝 combinations considering bearing size and ball size 

proportion limits. 

For the calculated cases, reference values for the non-normalising parameters 
(𝑠𝑠 = 0.94, 𝐷𝐷 = 0 and 𝛼𝛼0 = 45°) are set to calculate the normalised friction torque. 
Then, the relative error is calculated for each case with respect to the normalised 
friction torque of the reference bearings. 

4.3.2 Application range of the normalisation 

Figure 4.3 shows the results of the calculations for the validation described in 
Section 4.3.1. This figure represents the error introduced in the normalisation for 
each 𝑆𝑆𝑝𝑝𝑝𝑝  and 𝑆𝑆𝑝𝑝value. The results showed that the 𝑆𝑆𝑝𝑝𝑝𝑝 /𝑆𝑆𝑝𝑝  ratio was more 
significant to represent the error introduced during the normalisation, so this is 
how the results are represented in the plot. 

It can be seen that the inaccuracy introduced by the normalisation with 
respect to 𝑆𝑆𝑝𝑝 and 𝑆𝑆𝑝𝑝𝑝𝑝 is less than 2% in all cases, provided that the 𝑆𝑆𝑝𝑝𝑝𝑝/𝑆𝑆𝑝𝑝 ratio 
is greater than 30 (see dashed line in Figure 4.2). In fact, the plotted data in Figure 
4.2 shows that the majority of slewing bearings from catalogues have ratios 
greater than this value. Furthermore, the dotted data line in Figure 4.3, which 
represents an estimate of the upper bound of the committed error, shows how 
the error from normalisation falls as the value of this ratio increases. 
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Figure 4.3. Relative error in the normalised friction torque as a function of the 𝑆𝑆𝑝𝑝𝑝𝑝/𝑆𝑆𝑝𝑝 

ratio. 

Therefore, it can be assumed that the normalised friction torque is 
independent of these two parameters, provided that 𝑆𝑆𝑝𝑝 ≪ 𝑆𝑆𝑝𝑝𝑝𝑝. This means that 
𝑆𝑆𝑝𝑝 and 𝑆𝑆𝑝𝑝𝑝𝑝 are normalising parameters of the normalised friction torque with 
minor limitations. Therefore, the following can be stated: 

• The normalised friction torque depends on the same non-normalising 
parameters that affect the load distribution. 

• It is sufficient for the normalising parameters 𝑆𝑆𝑝𝑝𝑝𝑝  and 𝑆𝑆𝑝𝑝  to take a 
reference value for the normalised friction torque simulations. 

4.4 Obtaining the friction torque maps 
This section describes the steps followed to create the normalised friction 

torque maps. To do so, a detailed analysis of the design space is conducted and 
the DoE is defined in an initial (see Section 4.4.1). Then, the simulations planned 
in the DoE are performed and the obtained results are interpolated, obtaining the 
desired friction torque maps (see Section 4.4.2). Finally, the interpolated results 
are validated by comparing them with other friction torque calculation 
approaches (see Section 4.4.3). The friction torque maps for the whole design 
space are given in the Appendix. 
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4.4.1 DoE to obtain the friction torque maps 

As stated above, the purpose of this work is to provide a friction torque 
calculation tool, in the form of a collection of friction torque maps. These maps 
will relate the normalised friction torque with the normalised external loads of a 
bearing. However, the analytical approach used to solve the load distribution 
problem (explained in Section 4.2.1) calculates bearing forces as a function of the 
bearing normalised displacements and the non-normalising parameters; this is 
indeed, the first step in the procedure to obtain the friction torque maps (Step 1 
in Figure 4.4). Subsequently, the normalised friction torque is computed based 
on the displacement space (Step 2 in Figure 4.4). It must be recalled that, to solve 
the normalised friction torque problem, the normalising parameters must be set 
with some reference values. To this end, the following ones were adopted, 
coinciding with one of the reference bearings in Figure 4.2: 𝑆𝑆𝑝𝑝𝑝𝑝 = 𝑆𝑆𝑝𝑝𝑝𝑝

𝑟𝑟𝑒𝑒𝑟𝑟 = 1500 mm 

and 𝑆𝑆𝑝𝑝 = 𝑆𝑆𝑝𝑝
𝑟𝑟𝑒𝑒𝑟𝑟 = 35 mm. Finally, the normalised friction torque results obtained 

in Step 2 are related with the normalised external loads from Step 1, together with 
the non-normalising parameters. All this data is appropriately arranged and 
presented as friction torque maps (Step 3 in Figure 4.4). 

To achieve the desired friction torque maps, a structured set of calculations 
must be performed. This is obtained by means of a DoE, in which the levels of 
the normalised displacements and non-normalising parameters are defined. 
Figure 4.4 shows the flowchart of the calculation sequence, detailing the inputs 
and outputs of each step. The whole procedure in Figure 4.4 outlines the problem 
that must be solved for each experiment (simulation) of the DoE. 

To start with the definition of the DoE, the values for the normalised 
displacements must be defined, ensuring that the entire load space (normalised 
loads) for any bearing is obtained within the scope of the static load carrying 
capacity. This is possible since the expressions of the normalised loads with 
respect to the axial load capacity (4.11), (4.12) and (4.13) are available. 
Accordingly, a large displacement space can be defined and, later, the cases 
exceeding the static load capacity or incurring in ball truncation can be discarded. 
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Figure 4.4. Calculation procedure of the analytical model for each 

experiment (simulation). 

Nevertheless, considering the whole displacement space could be unfeasible 
depending on the computational capabilities, given the resulting large number 
of combinations to be analysed. Therefore, it is convenient to verify whether any 
symmetries or patterns apply in the displacement space, with the purpose of 
reducing the number of combinations to be computed. As the load distribution 
problem assumes rigid rings, it can be expected that different equidistant 
displacements within the displacement space can involve the same friction 
torque due to the cyclic symmetry of the bearing. To address this, eight 
equimodular normalised displacements are considered, covering all possible 
symmetries of the displacement space, as shown in Figure 4.5. 
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Figure 4.5. Displacement cases covering the design space. 

These cases are computed for the same values of the non-normalising 
parameters as in the validation procedure in Section 4.3, namely: 𝑠𝑠 = 0.94, 𝐷𝐷 = 0 
and 𝛼𝛼0 = 45°. 

Table 4.4. Friction torque results for each octant of the design space. 

 
Normalised 

displacements 
Resulting external loads Friction torque  

Octant 
number 

𝜹𝜹𝟎𝟎𝒊𝒊 𝜹𝜹𝟎𝟎𝒊𝒊 𝜹𝜹𝜽𝜽𝒊𝒊 𝑭𝑭𝟎𝟎 𝑭𝑭𝟎𝟎 𝑴𝑴𝟎𝟎 𝑻𝑻 𝑻𝑻𝒊𝒊 Graph 
colour 

1 1 1 1 9871.37 5965.36 5289.40 32341.6 2.647E-2 Blue 

2 -1 1 1 -5649.60 1003.85 1643.98 41538.8 3.399E-2 Red 

3 1 -1 1 5649.66 -1003.82 1643.96 41553.0 3.400E-2 Red 

4 -1 -1 1 -9871.41 -5965.34 5289.39 32341.6 2.647E-2 Blue 

5 1 1 -1 5649.60 1003.85 -1643.98 41538.8 3.399E-2 Red 

6 -1 1 -1 -9871.37 5965.36 -5289.40 32341.6 2.647E-2 Blue 

7 1 -1 -1 9871.41 -5965.34 -5289.39 32341.6 2.647E-2 Blue 

8 -1 -1 -1 -5649.66 -1003.82 -1643.96 41553.0 3.400E-2 Red 
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Figure 4.6. Obtained octant pattern: 1st octant in blue, 2nd octant in red. 

The results show that only two octants of the displacement space need to be 
considered for simulations. In this regard, whenever the sign/direction of two of 
the three displacements is changed, the same values for loads (with their 
corresponding signs) and friction torque are obtained. Table 4.4 and Figure 4.6 
show this results pattern. This conclusion could have been drawn without any 
calculations (with geometrical interference reasoning) but, for the sake of proof, 
it was deemed appropriate to include eight symmetrical points located on each 
of the eight octants (as defined in Figure 4.5). 

The results of this study show that it is possible to reduce the number of 
analyses performed on the DoE. Therefore, a reduced design space is proposed 
where the normalised friction torque is computed for only two octants in the 
normalised displacement space. 

Table 4.5. Normalised displacement value ranges. 

 From To Interval Levels 

𝜹𝜹𝟎𝟎𝒊𝒊 -2 2 0.1 40 (20 per octant) 

𝜹𝜹𝟎𝟎𝒊𝒊 0 2 0.2 10 

𝜹𝜹𝜽𝜽 
𝒊𝒊  0 2 0.2 10 
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Table 4.6. Non-normalising geometrical parameter values. 

 Values (5 levels considered) 

𝒑𝒑 0 0.05 0.10 0.15 0.20 

𝒔𝒔 0.910 0.925 0.94 0.95 0.96 

𝜶𝜶𝟎𝟎 35 40 45 50 55 

In summary, the DoE considers six input variables: three normalised 
displacements and three non-normalising geometrical parameters. Table 4.5 
shows the range of values for the normalised displacements and Table 4.6 shows 
the values of the non-normalising geometrical parameters. The ranges for each 
parameter have been selected considering available computational capabilities. 

Again, the normalising parameters will take the same reference values as 
before: 𝑆𝑆𝑝𝑝𝑝𝑝

𝑟𝑟𝑒𝑒𝑟𝑟 = 1500 mm and 𝑆𝑆𝑝𝑝
𝑟𝑟𝑒𝑒𝑟𝑟 = 35 mm. Computing all the combinations for 

each of the values of the six variables implies a set of 40×10×10×53 = 500 000 
experiments (simulations) to be computed. However, and since the cases where 
contact truncation or the maximum contact deformation is reached for any ball 
will be later discarded, the number of results included in the friction torque maps 
will be less. 

4.4.2 Normalised friction torque maps 

After removing cases with truncation or exceeding the bearing capacity, the 
remaining cases calculated from the previously designed DoE resulted in 51 184 
bearing friction torque results. Each case took about 3 minutes on average to 
solve (2x Intel Xeon E52697 v3 @2.6Ghz Windows 10 programmed in Matlab), 
which equated to about 3 months of computation time. 

In Figure 4.7 and Figure 4.8 all the computed points of the DoE are expressed 
in the load space. To differentiate each octant of the displacement space 
(previously shown in Figure 4.6) represented in the load space, each region is 
coloured accordingly. The blue dots represent points of displacement octant 
number one, while the red ones relate to the points of displacement octant 
number two. It should be noted that the points of an octant in the displacement 
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space do not have to remain in the same octant of the load space. This can be seen 
in the 3D view of the data cloud in Figure 4.9. 

 
Figure 4.7. Front view of the calculated points (tilting moment vs axial force) of octants 

1 and 2. 

 
Figure 4.8. Side view of the calculated points (radial force vs axial force) of octants 1 

and 2. 

 
Figure 4.9. 3D view of the whole normalised load space of the calculated points. 

The calculated results for the normalised friction torque must then be 
interpolated across the normalised load space (𝐹𝐹𝑎𝑎𝑖𝑖 , 𝐹𝐹𝑟𝑟𝑖𝑖  and 𝑀𝑀𝑖𝑖 ) for each non-
normalising geometrical parameter set (𝑠𝑠, 𝐷𝐷 and 𝛼𝛼0) to create the friction torque 
maps. When creating the maps, the interpolation is not considered for the non-
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normalising geometrical parameters, since representative values of these 
parameters were chosen based on the values used in the preliminary design 
stages. The interpolated results are therefore used to create the friction torque 
maps, grouped for each non-normalising geometrical parameter set (𝐷𝐷, 𝑠𝑠 and 𝛼𝛼0) 
and classified by the normalised radial force (𝐹𝐹𝑟𝑟𝑖𝑖), as shown in Figure 4.10. 

 
Figure 4.10. Normalised friction torque map sample for non-normalising parameters 

𝐷𝐷 = 0, 𝑠𝑠 = 0.94 and 𝛼𝛼0 = 45° and normalised radial force 𝐹𝐹𝑟𝑟𝑖𝑖 = ±0.10. 

A set of equispaced results are shown in the Appendix (see Figure 4.11) for 
different non-normalising microgeometrical parameter sets (𝑠𝑠, 𝐷𝐷 and 𝛼𝛼0) and a 
given range within the normalised radial force. In addition, the raw database 
obtained from the DoE is available upon request from the corresponding author, 
so custom interpolation tools can be further programmed. 

 
Figure 4.11. Set of equispaced results in the appendix. 

4.4.3 Validation of the interpolated results 

The results of the interpolation that created the friction torque maps need to 
be validated by means of a comparison with other approaches to determine the 
capabilities and limitations of the proposed approach. It is therefore necessary to 
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investigate the potential sources of error, which can be divided into two 
categories: the error related to the calculation of the normalised friction torque 
and the error committed during the creation of the interpolated point cloud. 

On the one hand, the error related to the calculation of the normalised friction 
torque for each considered experiment (simulation) is expected to be negligible 
and may be originated from two sources: 

• Friction torque normalisation error: as discussed in Section 3, the error 
introduced due to the proposed normalisation is less than 2% when the 
𝑆𝑆𝑝𝑝𝑝𝑝/𝑆𝑆𝑝𝑝 ratio is greater than 30. 

• Integration error: different discretisation values may produce different 
results when solving the integral in equation (4.21). However, this error is 
completely assumable, as it is when the concept of load distribution 
integral applies [36]. In this sense, this error is zero if the discretization 
level matches the ball number for a given bearing. 

On the other hand, besides these previous sources of error, there is a 
misestimate due to the interpolation, and this is expected to be the largest one. 
Moreover, of all the regions in the load space, the pure axial load case has been 
found to provide the worst misestimate for interpolated values. Figure 4.12 
depicts the three pure load cases: axial load (a), tilting moment (b) and radial load 
(c). In this figure, the analytical model from Joshi et al. [124] is used as a reference 
to show the error introduced due to the interpolation. In addition, the friction 
torque calculated using the NREL formula [49] has been included to compare the 
accuracy of the results with a different approach. A sample of the interpolated 
data has been chosen and de-normalised to compare realistic friction torque 
values. The following data was chosen to this end: 𝑆𝑆𝑝𝑝 = 35 mm, 𝑆𝑆𝑝𝑝𝑝𝑝 = 1500 mm, 
𝑍𝑍 = 80, 𝜇𝜇 = 0.1, 𝐷𝐷 = 0.1, 𝑠𝑠 = 0.94 and 𝛼𝛼0 = 45°. 

With the exception of the load cases where the axial force is largely 
predominant, the results show that the error is negligible after interpolation. In 
fact, since the model assumes rigid rings and considers no manufacturing errors, 
all the balls have the same preload and they are uniformly loaded under axial 
load. This means that, under these assumptions, all the balls will experience a 
transition from four to two contact points for a given pure axial load, resulting in 
an abrupt drop in the friction torque [31], as shown in Figure 4.12a and according 
to the reference model by Joshi et al. [124]. Nonetheless, this drop does not 
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correspond to the behaviour shown in experimental results analysed in 
Chapter 2. 

In practice, different bearings with exactly the same design may well show 
very different values of friction torque for low to moderate applied axial loads. 
The four to two point contact is indeed a hard phenomenon to predict, as was 
explained in Chapter 2, and it can be affected by very sensitive factors (like 
manufacturing errors). Despite the axial load case being the most sensitive to 
study, the interpolated data in Figure 4.12a shows an excellent agreement with 
the reference model by Joshi et al. [124]. Moreover, it provides more accurate 
results than the NREL formula, which provides conservative results for high 
loads, but is not conservative in low or medium loads. 

The previous reasoning was focused on the axial load case, but it is important 
to point out that these bearings are mainly designed to withstand tilting 
moments. For this load case, it can be seen in Figure 4.12b that the interpolated 
results yield the same friction torque values than the reference analytical model. 
At the same time, it can be seen that, as occurred for the axial load case, the NREL 
formula underestimates the friction torque for low loading cases, while 
overestimating it for high loads. 

Finally, for the radial force (Figure 4.12c), the NREL formula underestimates 
the friction torque for any case. Meanwhile, interpolated and analytical results 
show no difference at all. 
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Figure 4.12. Comparative results between the interpolated data, the reference 

analytical model by Joshi et al. [124] and the NREL friction torque formula [49]. 
Friction torque for pure axial force (a), tilting moment (b) and radial force (c) for  

𝑆𝑆𝑝𝑝 = 35 mm, 𝑆𝑆𝑝𝑝𝑝𝑝 = 1500 mm, 𝑍𝑍 = 80, 𝜇𝜇 = 0.1, 𝐷𝐷 = 0.1, 𝑠𝑠 = 0.94 and 𝛼𝛼0 = 45°. 
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4.5 Use of friction torque maps 
Once the friction torque maps have been obtained, and considering that the 

purpose of this work is to develop a useful tool for bearing customers and 
designers, this section is focused on how they are used. 

Firstly, the user needs to normalise the loads acting on the bearing based on 
the bearing geometry, according to equations (4.11), (4.12) and (4.13). Then, the 
proper friction torque map is selected attending to the non-normalising 
parameters and the normalised radial load. Then, the normalised friction torque 
is obtained from the map depending on the normalised axial load and moment. 
Finally, using the same normalising parameters, the normalised friction torque 
can be de-normalised (4.21).  

Figure 4.13 contains a flowchart with the steps to follow to obtain the friction 
torque for a specific bearing subjected to any load. Besides, Figure 4.14 shows a 
normalised friction torque map and how to use it to calculate the normalised 
friction torque from the normalised external loads. 

 
Figure 4.13. Steps to use the normalised friction torque maps. 
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Figure 4.14. Example of the application of a torque map for a bearing with 𝐷𝐷 = 0.1, 

𝑠𝑠 = 0.94 and 𝛼𝛼0 = 45°. 

Note that the friction torque maps include two vertical axes, depending on 
whether the normalised radial force is positive or negative (see left and right axes 
in Figure 4.14), which also flips the sign of the normalised tilting moment on the 
corresponding axis. Due to the symmetries found in the displacement space, the 
friction torque results for two different load combinations can be displayed in a 
compact form on each friction torque map. This is also shown in Figure 4.14, 
together with two examples that show how to use the friction torque maps (the 
same values for the loads but with the axial and radial forces with opposite signs). 

4.6 Conclusions and additional remarks 
State-of-the-art approaches to calculate of the friction torque on four-point 

contact slewing bearings are either simple and practical but inaccurate, or 
accurate but difficult to use in a practical way. Thus, there are no methods or 
procedures in literature that allow reliable results to be obtained in a direct and 
simple way. This research work provides a solution in this respect. To this end, 
some simplifications are considered, such as adopting an overall sliding 
coefficient of friction for the lubricated contacts, assuming of rigid rings with no 
manufacturing errors and the omission of the effects of cages or spacers. On this 
basis, the contributions of this work are summarised in the next points: 

• A normalised expression of the friction torque is presented. This 
normalised friction torque only depends on the external loads (axial force, 
radial force and tilting moment) and the microgeometry, namely the 

Normalised load case 1: Normalised load case 2:
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osculation ratio, the initial contact angle and the preload of the balls. 
Therefore, it becomes independent of the macrogeomety of the bearing, 
defined by its mean diameter, the ball diameter and the number of balls, 
and also of the coefficient of friction. The expression is shown to report an 
error of less than 2%, provided the 𝑆𝑆𝑝𝑝𝑝𝑝/𝑆𝑆𝑝𝑝 ratio is greater than 30, which 
is mostly the case for slewing bearings. The normalised expression of the 
friction torque is not only a convenient and useful way to simplify the the 
friction torque calculation, but is also consistent with previous works by 
the authors focused on the static load capacity of the bearings. 

• Based on the presented normalised expression, friction torque maps are 
obtained and presented, intended to be used in early design stages. These 
maps serve as a powerful calculation tool, which is as accurate as complex 
state of the art simulation models, but at the same time almost as practical 
and easy-to-use as the NREL formula. Accordingly, these maps represent 
a useful tool either for bearing manufacturers, who strive for the most 
appropriate manufacturing parameters to optimise the frictional 
behaviour, and for applications engineers, who intend to select the best 
bearing for their application. This approach could also prove useful for 
future standards or design guidelines. 

• The friction torque maps are established using a database, obtained from 
a large simulation campaign. The full database obtained from all the 
friction torque simulations carried out is available upon request from the 
corresponding author, so custom interpolation tools can be further 
programmed by future potential users (applications engineers). 

Due to the considered assumptions, the friction torque maps provided in this 
research work may lose predictive capacity with some applications. It is already 
known that ring flexibility or manufacturing errors can significantly affect 
friction torque under certain circumstances, so future work should focus on 
developing practical approaches to address these phenomena.  
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5 Conclusions and Future Work 

5.1 Conclusions 
This section presents the main findings from the research conducted for the 

entire Doctoral Thesis. A detailed description of the relationship between the 
different chapters and their purpose is given in Section 1.5. Subsequently, the 
conclusions are listed below and presented in the same order as the previous 
chapters. 

Chapter 2 proposes an improved methodology for calculating the friction 
torque by implementing a preload scatter: 

• Implementing the preload scatter justifies the smooth transition of the 
friction torque under compression loads, especially for those loads where 
the balls experience a transition from four to two contact points (transition 
zone). This zone is, indeed, where current state-of-the-art analytical 
models show a sudden drop of the bearing friction torque, while the 
experimental results show a smooth evolution. Thus, implementing a 
preload scatter is an effective way to represent the real behaviour of the 
friction torque. Moreover, the presented analytical approach provides 
considerably more accurate results than the practical formula provided by 
NREL for these types of bearings, even though the latter can still be useful 
for rough estimations when only the macrogeometry of the bearing is 
known. 

• Different tuning parameters have been established to adjust the proposed 
methodology of friction torque calculation. The proposed calculation 
methodology allows for adjusting the analytical model for each design or 
geometry, requiring a varying number of experimental test results based 
on the known bearing and desired accuracy. 
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• Satisfactory results were obtained by considering a constant contribution 
to the friction torque from the seals and separating elements for a given 
bearing, which correlated closely with experimental test results. 

• Under an applied bending moment, it has been shown how the friction 
torque is driven by the less loaded balls, which have four points in contact, 
rather than the most loaded ones, which only have two. This indicates the 
high sensitivity of the friction torque to the preload and its scatter, even 
under high bending moments. The greater the preload, the more balls will 
be in the four-point contact state, thereby yielding a higher friction torque. 

• The rigid ring assumption has been proven to yield inaccurate friction 
torque results when a bearing region is subjected to tension, such as a 
bearing under tension axial force or tilting moment. It has been proven 
that considering the flexibility of the rings and the surrounding structures 
is necessary to obtain more reliable friction torque results in such load 
cases. In this regard, the FEM has proven to be an effective but inefficient 
method to account for this flexibility, which shows a strong correlation 
with experimental results for high loads. 

• Some guidelines for using and tuning the model are proposed, in order to 
obtain a reliable friction torque prediction tool, meant to be of use for users 
ranging from a bearing manufacturer with extensive knowledge about 
their product, to a user with more limited information. 

The findings in the preceding chapter call for further research on the slewing 
bearing modelling techniques, which is covered in Chapter 3 by studying the 
effect on the flexibility of different modelling techniques on a blade-bearing-hub 
assembly using FEM: 

• Ball-raceway contact modelling has been improved by modifying the 
implementation of Daidié’s mechanism, which had some shortcomings 
when solving the load distribution problem under radial load. The 
proposed implementation of Daidié’s mechanism reduces the errors in the 
less loaded sections. Although there is a minimal impact on static 
load-carrying capacity, radial stiffness is significantly affected. Moreover, 
since friction torque is primarily affected by the least loaded balls, this new 
implementation provides a direct improvement of the friction torque 
calculation. To achieve this, an FE model combined with the new Daidié’s 
mechanism implementation is used to solve the load distribution problem. 
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Subsequently, an analytical model, such as the one used in this thesis, can 
be used to solve the friction torque problem. 

• A blade-bearing-hub assembly with two different blade materials has 
been modelled. The conclusion has been drawn that replacing a composite 
blade with a steel blade is not feasible as the differences in the obtained 
bearing load distribution and deformations are significant. Therefore, it is 
established that using a steel blade leads to unreliable results when 
studying the structural behaviour of a blade-bearing hub assembly, 
discarding the possibility of using a steel blade for both FE calculations 
and experimental tests. 

• It has been observed how the modelling of the bolts on a blade-bearing-
hub assembly can be simplified with bonded connections as long as it is not 
under extreme working loads. Therefore, the bearing results will be 
accurate enough for early design stages, with more accurate bolted joint 
models required in the final design stages for validation purposes. 

• Using the same approach as in wind turbine global structural analyses, 
where simple models are used to simulate bearing stiffness, the possibility 
of replacing the bearing with three non-linear springs representing the 
bearing stiffness in a blade-bearing-hub is studied. It is concluded that this 
type of modelling cannot provide a correct representation of load 
distribution and the deformations of the surrounding structures next to 
the bearing. Therefore, although using these techniques is appropriate in 
global models focused on the dynamic analysis of the whole turbine, they 
are not viable in more local analyses such as the blade-bearing-hub 
assembly analysed in this work. 

After focusing on improving the accuracy of the friction torque models in the 
previous chapters, Chapter 4 proposes two main novelties to improve the 
calculation speed: a normalised frictional torque expression and a torque 
estimation tool in the form of heatmaps. 

• A normalised friction torque expression has been presented, allowing for 
a simpler calculation process. This expression depends on the external 
loads (in the form of normalised displacements) and the bearing 
microgeometry. For 𝑆𝑆𝑝𝑝𝑝𝑝 / 𝑆𝑆𝑝𝑝  ratios greater than 30, the proposed 
expression for the normalised friction torque is shown to be almost 
independent of the macrogeometry, with an error of less than 2%. 
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• Based on the previous normalised friction torque expression, a campaign 
of simulations has been conducted and established based on a DoE. The 
obtained database relates the bearing displacements to the external forces 
and friction torque for each microgeometry combination, which allows it 
to be implemented in external calculation tools for fast estimations of the 
friction torque. The assumption of rigid rings limits the applicability of the 
friction torque results, but it can be useful for early design stages. 

Based on the database, a series of heatmaps have been created by 
interpolating the data. These heatmaps directly relate the normalised external 
loads applied to a bearing with the normalised friction torque for a series of 
typical values of the microgeometrical parameters. These normalised friction 
torque maps are a tool that, whilst being less accurate than analytical methods, 
are as straightforward as the expressions provided in the guidelines (DG03), but 
offer greater accuracy than the latter. Therefore, they are not only useful for quick 
torque estimations, but can also be integrated into standards or design 
guidelines. The normalised friction torque database and heatmaps are the 
simplified counterpart to the more demanding solution presented in Chapter 2. 

5.2 Future work 
Possible future studies resulting from this Doctoral Thesis are proposed in the 

following points: 

• Implementing the preload scatter into an FE model and adjusting the 
parameters defining this scatter, to obtain new load distribution results 
that would be a better fit with the experimental friction torque results, 
particularly in the case of applied tilting moments. 

• Considering the preload scatter with SE based models to generate stiffness 
matrices that could be implemented into analytical models to efficiently 
solve the load distribution problem. This approach would consider the 
flexibility of the rings analytically and would yield fast and precise friction 
torque results. 

• Fit the friction torque results considering different probability 
distributions for the preload scatter. For more precise results, proper 
sensorisation of a bearing within a test bench or real assembly would be 
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required, which would allow for estimating the final preload value after 
the assembly process and fitting the preload scatter model. 

• Developing an engineering formulation that would characterise the load 
distribution for different boundary conditions, such as different turbine 
blade sizes, configurations and materials. 

• Developing an alternative model or procedure that would allow for the 
substitution of the bearing in blade-bearing-hub assemblies that represent 
the bearing stiffness and distribution of the forces to the surrounding 
structures more accurately. 

• Mapping the friction torque of rolling elements in the same way as done 
for the whole bearing. This would allow for the quick calculation of the 
friction torque once the load distribution has been solved separately. 
Combining an FE model with considering a preload scatter to solve the 
load distribution, with a ball-raceway friction torque database would 
improve the accuracy and efficiency of friction torque calculations. Thus, 
the accuracy of the load distribution would dictate the accuracy of the 
friction torque 

• Applying the above procedures to other bearings, such as crossed-roller 
slewing bearings or angular contact ball bearings. 

  



186  Iñigo Escanciano 
 

 

5.3 Research work dissemination 
Part of the research work presented in this Doctoral Thesis was published in 

high-impact factor scientific journals in the following manuscripts: 

• Iñigo Escanciano, Iker Heras, Luis María Macareno, Josu Aguirrebeitia, 
An engineering approach to assess friction torque in generally loaded 
four-point contact slewing bearings, Mechanism and Machine Theory, 
Volume 192, 2024, 105542, ISSN 0094-114X. 
DOI: 10.1016/j.mechmachtheory.2023.105542 

• Iñigo Escanciano, Iker Heras, F. Schleich, Josu Aguirrebeitia, Methodology 
for the assessment of the friction torque of ball slewing bearings 
considering preload scatter, FRICTION, 2024, ISSN 2223-7704 (Accepted 
for publication 18-Dec-2023) 

Furthermore, the different progress made in the field of slewing-bearings was 
presented in national and international congresses: 

• Iñigo Escanciano, Iker Heras, Josu Aguirrebeitia, Iñigo Martín, Effect of 
the material of the blade and the joint simulation strategy in the pitch 
bearing of a wind turbine, International Conference on Machine Design 
2021, Porto, Portugal, 9-10 September, 2021, www.md-conferences.com 

• Iker Heras, Iñigo Escanciano, Ibai Coria, Josu Aguirrebeitia, Limitaciones 
del mecanismo de Daidié para la simulación de rodamientos: análisis y 
alternativas, XXIII Congreso Nacional de Ingeniería Mecánica, Jaen, Spain, 
20-22 October, 2016, ISSN 0212-5072 

• Iñigo Escanciano, Iker Heras, Josu Aguirrebeitia, Luis María, Influencia de 
los errores de fabricación en el par de fricción en rodamientos de bolas de 
cuatro puntos de contacto. Modelización analítica y correlación 
experimental bajo carga axial, Congreso Iberoamericano de Ingeniería 
Mecánica – CIBIM22, Madrid, Spain, 22-24 November, 2022, ISSN 1137-
2729. DOI: 10.5944/bicim2022.107 

• Iñigo Escanciano, Iker Heras, Josu Aguirrebeitia, Normalización y mapeo 
del par de fricción de rodamientos de vuelco de cuatro puntos de contacto, 
XXIV Congreso Nacional de Ingeniería Mecánica, Las Palmas de Gran 
Canaria, Spain, 25-27 October, 2023, ISSN 0212-5072 

https://doi.org/10.1016/j.mechmachtheory.2023.105542
http://www.md-conferences.com/
https://doi.org/10.5944/bicim2022.107
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Appendix: normalised friction 
torque maps 

This appendix contains the normalised friction torque maps referenced in 
Chapter 4. 
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Figure A.1. Friction torque map: 𝐷𝐷 = 0.00, 𝑠𝑠 = 0.940 and 𝛼𝛼0 = 45°.  
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Figure A.2. Friction torque map: 𝐷𝐷 = 0.05, 𝑠𝑠 = 0.940 and 𝛼𝛼0 = 45°.  
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Figure A.3. Friction torque map: 𝐷𝐷 = 0.10, 𝑠𝑠 = 0.940 and 𝛼𝛼0 = 45°.  
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Figure A.4. Friction torque map: 𝐷𝐷 = 0.00, 𝑠𝑠 = 0.950 and 𝛼𝛼0 = 45°.  
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Figure A.5. Friction torque map: 𝐷𝐷 = 0.00, 𝑠𝑠 = 0.925 and 𝛼𝛼0 = 45°.  
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Figure A.6. Friction torque map: 𝐷𝐷 = 0.00, 𝑠𝑠 = 0.940 and 𝛼𝛼0 = 50°.  
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Figure A.7. Friction torque map: 𝐷𝐷 = 0.00, 𝑠𝑠 = 0.940 and 𝛼𝛼0 = 40°.  
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